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AIMS AND SCOPE

Sponsored by the Heat Transfer division of the American Society of Mechanical
Engineers, Heat Transfer Research presents translations of important technical
and experimental papers selected from the foremost Russian, Ukrainian and Bela-
russian periodicals, conference proceedings and academic laboratory reports. The
journal covers the entire field of heat transfer, including conduction, convection
and radiation, boiling phenomena, heat exchanger design and testing, heat transfer
in nuclear reactors, mass transfer, geothermal heat recovery, and thermophysical
properties of materials, as well as the pertinent areas of fluid mechanics.
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Gas Turbine Heat Transfer

This issue has papers selected by the Scientific Committee from the symposium
Turbine-09 sponsored by the International Center for Heat and Mass Transfer
(ICHMT). Turbine-09 was held in Antalya, Turkey, August 9-14, 2009. It was the
third symposium related to heat transfer in high-performance gas turbines sponsored
by the ICHMT. The first, held in Marathon, Greece, in August 1992, resulted in the
book Heat Transfer in Turbomachinery. The second, Turbine 2000, conducted in
Cesme, Turkey, in August 2000, was published in the book Heat Transfer in Gas
Turbine Systems. The three symposia offered invited keynote lectures and contributed
papers by some of the world’s best-known authorities on gas turbine heat transfer.
Each of the two proceedings volumes and these special issues (Vol. 41, Nos. 6-8,
2010 and Vol. 42, Nos. 1 and 2, 2011) contain a wealth of information from key in-
dustrial, academic, and nonprofit laboratories.

The objective of the symposia and of these special issues is to provide an oppor-
tunity to present and review the most recent developments in heat transfer and ther-
mal control applied to modern, high-temperature gas turbine systems. Presented are:
experimental results and techniques, computational studies and methods, and design
recommendations. Aspects of heat transfer in rotating machinery include:

e combustor and transition section heat transfer,

e heat exchange to turbine airfoil and endwall surfaces within the gas path,
e stator internal heat transfer,

e disk cavity and blade internal flow and heat transfer,

e innovative cooling techniques, and

e heat exchange in turbines with combined cycles.

The results published in these issues should be valuable to researchers in heat
transfer as well as to designers of gas turbine systems.

The papers for these special issues were selected from the symposium papers by
the International Scientific Committee of the Symposium:

e Sumanta ACHARYA, Louisiana State University, U.S.A.

e Tony ARTS, Von Karman Institute for Fluid Dynamics, BELGIUM
e David BOGARD, University of Texas, U.S.A.

e Ronald BUNKER, General Electric Company, U.S.A.

e Cengiz CAMCI, Pennsylvania State University, U.S.A.

e Ping-Hei CHEN, National Taiwan University, TAIWAN

e Minking CHYU, University of Pittsburgh, U.S.A.

e Eva DORIGNAC, LET ENSMA, University of Poitiers, FRANCE
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Gas turbines are used extensively for aircraft propulsion, land-based
power generation, and industrial applications. The turbine inlet tem-
peratures are far above the permissible metal temperatures. Therefore,
there is a need to cool the blades for safe operation. Modern develop-
ments in turbine cooling technology play a critical role in increasing
the thermal efficiency and power output of advanced gas turbine de-
signs. Turbine blades and vanes are cooled internally and externally.
This paper focuses on turbine blade internal cooling. Internal cooling
is typically achieved by passing the coolant through several rib-en-
hanced serpentine passages inside the blades. Impinging jets and pin
fins are also used for internal cooling. In the past 10 years there has
been considerable progress in turbine blade internal cooling research
and this paper is limited to reviewing a few selected publications to
reflect recent developments in this area. In particular, this paper fo-
cuses on the effects of channel inlet geometry, sharp 180° turning,
and channel cross-section aspect ratio on the coolant passages heat
transfer at high rotation number conditions. Rotation effects on the
blade leading-edge triangular-shaped channel and trailing-edge wedge-
shaped channel with coolant ejection are included.
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1. INTRODUCTION

The forced cooling of gas turbine blades began with crude designs that consisted
of circular radial holes that allowed for forced air to convect heat from the blade
walls. These simple designs were the first attempts to forcefully cool the turbine
blade. As rudimentary as these designs were, the benefits of increasing power and ef-
ficiency were quickly realized by the ability to increase the turbine entry temperature.
Decades have passed since, and through research, revolutionary steps have been made
to allow for ever increasing turbine entry temperatures. Advanced gas turbine blade
designs now employ a variety of heat transfer enhancement methods and techniques
as shown in Fig. 1. At the leading edge of the airfoil, where heat loads are extreme,
internal impingement jets are used to provide high heat transfer coefficients. Shaped
internal cooling passages occupy the mid-region of the airfoil. The walls of these pas-
sages are lined with turbulence promoters (ribs) to break the hydrodynamic boundary
layer and increase near wall turbulent mixing; all resulting in greater heat transfer.
The trailing edge portion is susceptible to failure due to the thin material structure.
This region is cooled by internal channels incorporating pin fins, ribs and high veloc-
ity cooling air slot ejection into the mainstream. Internal convection heat transfer is
the foundation for maintaining the life of the turbine blade. Building upon the ad-
vancements made through research, pressure losses in the internal cooling channels
have decreased. This has allowed for film cooling to be introduced as an additional
method to protect the blade. Cooling air that passes through the internal cooling chan-
nels is, at some point or another, expelled to the mainstream by means of cooling
holes. To further protect the leading edge of the airfoil, shower-head film cooling
holes are utilized. The pressure and suction surfaces of the airfoil are covered with
strategically placed discrete film cooling holes. The tip region of the blade also util-
izes coolant ejection to protect the blade from high velocity leakage flows that im-
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Fig. 1. Internal cooling techniques for gas turbine blades.
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pose severe heat loads. Sophisticated cooling schemes and techniques have been de-
veloped for both internal and external cooling and are reported in [1]. The authors
provide a compilation of the work that has been performed up to the year 2000.
Later, Han and Wright [2] focused on the research associated solely with internal
heat transfer related to stator vanes and rotor blades. The design of the stator vane is
considerably different compared to the rotor blade. Even more important is the differ-
ence due to rotation. The interested reader is referred to the prior literature for that
topic. This paper is devoted to reviewing the research work performed since 2000,
and focuses on advancements made in regard to internal heat transfer of rotor blades.
More specifically, the advancements that have been made in achieving more realistic
engine parameters during experiments such as high rotation numbers, the influence of
developing flow on heat transfer with rotation, cooling channel cross-sectional geome-
try effects, and heat transfer on the tip inside of the 180° sharp turn along with the
sharp turn effects.

2. SHAPED INTERNAL COOLING PASSAGE HEAT TRANSFER

2.1 Modeling Internal Cooling Passages

The gas turbine blade mid-region is cooled convectively with a compressor-bled air
passing through the complex shaped internal cooling channels. These channels are
specifically designed to fit the blade profile and have irregular cross sections. Since
the design of these channels varies from blade to blade, and increased complexities of
the flow field are introduced by irregular cross-sectional shapes, researchers have
mostly used square and rectangular channels as models in the study of heat transfer.
The square and rectangular channels are categorized by aspect ratio as seen in Fig. 2.
At this point, it is important to make a comment in regard to aspect ratio definition.
There is not a standard that is consistently used in publications for the definition of
aspect ratio. Common terminology used to describe the channel and the aspect ratio
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Fig. 2. The various aspect ratios of gas turbine blade internal cooling channels.
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is large, small, wide, narrow, etc. Furthermore, some research groups may define the
aspect ratio as the ratio of the channel height to the channel width, while others con-
sider the opposite. Even more interesting is that for the same given side of a channel,
one group may refer to it as the width while others refers to it as the height. Differ-
ences even occur within research groups. Thus, caution is advised when surveying the
literature and classifying the channel geometry. It is advisable to consider each jour-
nal article by itself. In this review paper, the channel aspect ratio (AR) is defined as
the ratio of the channel width (W) to the channel height (H) or AR = W/H. Further-
more, the channel height is the distance from the suction surface to pressure surface
as seen in Fig. 2. The channel width is the dimension of the surface on which the rib
turbulators are cast. A final point of clarification is in regard to the distinction be-
tween leading edge, leading surface, trailing edge and trailing surface. Commonly, the
phase leading surface has been used interchangeably with suction side/surface. Like-
wise, trailing surface is interchangeable with the pressure side/surface.

The internal cooling channels near the blade leading edge have been modeled as
narrow rectangular channels with AR = 1:4 and 1:2 [3-6]. The cross section of the
cooling channels changes along the cord length of the blade due to the blade profile.
In the middle of the blade, the channels become squarer in shape, and studies have
modeled this region with square cross sections [7]. Square channels also serve to pro-
vide for a more fundamental study by eliminating a parameter since all sides of the
channel are of the same dimension. Towards the trailing edge, the channels have
wider aspect ratios of AR = 2:1 and 4:1 [8, 9]. An experimental study of the effects
of the buoyancy parameter in various aspect ratio channels was performed by Fu
et al. [10]. The study considered five different aspect ratio channels (AR = 1:4, 1:2,
1:1, 2:1, and 4:1) with a fully developed flow inlet condition. The results showed that
the overall levels of heat transfer enhancement (Nu/Nug) for all the ribbed channels
were comparable. However, significant differences arose in the pressure losses in-
curred in each of the channels. The 1:4 channel incurred the lowest pressure penalty;
therefore, the thermal performance (TP) of the 1:4 channel was superior to the 1:2,
1:1, and 2:1 channels. It is worth noting that the thermal performance takes into ac-
count the pressure penalty (f/fy) and the heat transfer enhancement, and for a constant
pumping power, TP = (Nu/Nuo)/(f/fo)U 3,

2.2 Rib Turbulated Cooling

Rib turbulators are also widely known as "trip strips" as they simply trip the
boundary layer in the internal cooling channel. After the boundary layer is disturbed,
redevelopment begins, and high heat transfer is associated with the thin boundary
layer. Figure 3 presents conceptual views on the most notable characteristics of the
effects of ribs on the mainstream flow. As shown in Fig. 3a, as the mainstream flow
near the surface of the channel passes over the rib, it separates from the surface. This
separation results in relatively low heat transfer just downstream of the rib, due to a
relatively hot cell being trapped in the area of recirculation. However, when the
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Fig. 3. Rib effects on mainstream flow and secondary flow behavior.

mainstream flow reattaches to the surface (between two ribs), this is an area of rela-
tively high heat transfer due to impingement of the mainstream flow on the surface.
This pattern of separation, recirculation, and reattachment continues throughout the
channel along with the pattern of repeating ribs.

It is important then to consider the rib spacing effects. The ideal rib spacing is
large enough for the mainstream flow to reattach to the surface between the ribs
(high heat transfer), but not so large that the boundary layer is allowed to develop
freely. By allowing the mainstream flow to develop freely, the advantage of the thin
boundary layer is lost. In addition to general flow separation and reattachment, the rib
turbulators increase turbulent mixing. The relatively hot fluid near the surface is con-
tinuously mixing with the relatively cooler core fluid near the center of the channel.
This mixing also serves to increase the heat transfer from the channel wall. It has
been shown that the ideal spacing for orthogonal ribs is approximately P/e = 10. As
conceptually shown in Fig. 3a, with a P/e = 10 spacing, sufficient space is given be-
tween the ribs for reattachment of the flow between the ribs. However, as the ribs
continue to move closer together, the reattachment area becomes jeopardized. After
separation, the flow may impinge on the next downstream rib or the flow may com-
pletely pass over the next rib, completely eliminating the desired flow behavior.

The application of rib turbulated cooling has been a major milestone in the ad-
vancement of turbine blade designs. Even more so, the research work that led to
placing the ribs at angle has allowed for an increase in channel heat transfer while
simultaneously reducing the pressure losses. This is due to the additional secondary
flow induced by the angle of the ribs. The fluid near the surface follows the angle of
the rib until it impinges on the side wall as can be seen in Fig. 3b. After impinge-
ment on a side wall, the rib-induced secondary flow returns to the other side wall,
creating a vortex. This behavior is identical on both the leading and trailing surfaces,
so two counter-rotating vortices form in the channel.

Many studies [11-18] have been published that have investigated various aspects
of ribbed channel heat transfer and fluid flow. More recently Rallabandi et al. [19]
performed systematic experiments to measure heat transfer and pressure losses in a
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Fig. 4. Profiles of ribs studied (a, b) and heat transfer roughness variation with
Reynolds number roughness for sharp ribs (c) [19].

stationary square channel with square/sharp edged ribs at a wide range of Reynolds
numbers ranging from 30 K to very high flows of Re = 400 K. These high Reynolds
numbers are typical of land-based turbines. Later, Rallabandi et al. [20] included
round edged ribs as well to account for manufacturing effects. Figure 4a and b shows
the rib profiles that were studied in the respective publications. In both studies, an
array of blockage ratios and rib spacing ratios were considered. The correlations of
Han [21-23] were modified to fit into the new extended parameter range. The pa-
rameters G and R (heat transfer roughness and friction roughness functions, respec-
tively) have been used in literature to absorb the effect of rib height (e/D) and
Reynolds number (Re) into one variable. The heat transfer roughness (G) is an indi-
cator of thermal performance. For large values of G, thermal performance will be
low. Thus, it is desirable to achieve as low a value for G as possible. These parame-
ters (G and R) have been correlated with ¢” (a nondimensional roughness Reynolds
number) and P/e. Expressions of the form R = C;(P/e)™ and G = Cy(P/e)"(e")" have
typically been utilized to accurately correlate experimental data. In their studies, how-
ever, the blockage ratio (e/D) had to be explicitly included in the correlations for R
and G. Figure 4c presents the results from the authors work using sharp ribs. Notable
is the very well correlating of the heat transfer roughness (G) with the roughness
Reynolds number (e*) which is defined as e* = (e/D)(Re)(f/Z)m. This work has ex-
tended the e* range of previous work from et = 1000 (Re = 70 K, ¢/D = 0.078) to

= 18000 (Re = 400 K, e¢/D = 0.18). Figure 4b indicates that the correlations for R
and G do not agree with the earlier published correlations in the extended range. The
authors attribute this to the parameter range differences, specifically the e/D ratio
which was considerably larger than in prior work. The authors further explain that the
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turbulent boundary layer universal logarithmic velocity profile assumption is valid
when the surface roughness is relatively small. Larger rib thickness could however in-
validate this assumption owing to greater form drag caused by flow separating and
reattaching due to the rib in comparison with the skin friction. This causes a depend-
ence of R and G on e/D, as well as on ¢'. However, round edged ribs results coin-
cidently showed agreement between prior correlations and the new data in the
extended range. With round edged ribs, the friction was lower, resulting in a smaller
pressure drop. In fact, the friction performance for the round edge ribs was quite
similar to smaller ribs. The heat transfer coefficients for the round ribs, on the other
hand, were similar to sharp edge ribs.

2.3 Rotational Effects on Internal Passage Flow
and Heat Transfer

The flowing fluid inside of rotating turbine blade cooling channels is subjected to
an inertial force, rotation induced centrifugal force, and the Coriolis force. The iner-
tial force is coincident with the mainstream flow direction, while the centrifugal force
continuously acts in the radially outward sense. The Coriolis force acts perpendicular
to the mainstream flow direction. Figure 5 shows that with a radially outward flow
stream (first pass), the Coriolis force pushes the core fluid mass towards the trailing
wall. As the cross-stream translation of the fluid mass occurs, the fluid will collide
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Fig. 5. Coriolis and centrifugal force effects on rotating channel flow field.
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with the trailing wall. Due to the continuous replenishment of new fluid, the cross-
stream flow will split, reverse its direction, and travel along the side walls of the
channel until it once again is turned 180° back towards the trialing wall. This con-
tinuous cross-stream fluid motion results in a pair of cross-stream vortices that, on
average, cause the mass of coolant near the trailing wall to be greater than that near
the leading wall. Due to mass continuity, the local axial velocity near the trailing
wall is increased. Conversely, the local axial velocity near the leading wall decreases.
Furthermore, the hot walls of the blade create a temperature gradient throughout the
coolant, resulting in a variation of fluid density. The fluid mass near the trailing wall
is of lower temperature since the coolant bulk flow velocity is skewed as previously
mentioned. The density of the coolant will tend to be greater near the trailing wall.
The centrifugal force acts strongly near the trailing wall since the fluid is heavier and
accelerates the heavier fluid towards the tip of the channel. The result is a further in-
crease in the local axial velocity near the trailing wall and flow stabilization near the
leading wall.

The ramification of the rotational induced Coriolis and centrifugal force with re-
gards to heat transfer then becomes clear by considering the effects on the flow field.
Compared to a stationary reference frame, rotation will increase heat transfer on the
trailing wall and reduce heat transfer on the leading wall (flow stabilization). If the
rotational effects are strong enough, the flow near the leading wall will eventually
stagnate (i.e., zero local velocity). At this point, heat transfer on the leading wall can
be severally reduced, resulting in very low heat transfer coefficients. However, there
is a reverse in the heat transfer trend on the leading wall that occurs due to increased
buoyancy effects. Since the flow near the leading wall stagnates, the temperature of
the near wall fluid will sharply increase and as such the density of this fluid will be
low. Considering the rotational induced centrifugal force, it becomes clear that the
buoyancy force acting in the radially inward sense is present. If the rotational effects
are strong enough, the near wall flow at the leading wall will actually reverse direc-
tion. This flow reversal leads to the increase of heat transfer on the leading wall and
the creation of reverse flow cells.

Typical gas turbine internal cooling channels are serpentine in design in order to
maximize the cooling potential of the fluid. Thus, a sharp 180° turn is required to
change the flow direction from radially outward towards radially inward. The Coriolis
force changes direction when the flow is radially inward and the mainstream velocity
is skewed towards the leading wall. The same cross-stream vortices are formed in the
radially inward channel, however, these vortices impinge on the leading wall. This
tends to increase heat transfer on the leading wall (relative to the stationary frame)
and decrease heat transfer on the trailing wall. However, notice that the centrifugal
force and the inertial force of the fluid are counteracting in the second pass. Thus,
whereas the centrifugal force caused the velocity of the fluid to increase even further
(above the Coriolis force effects) on the trailing surface with radially outward flow,
now the centrifugal force retards the local axial velocity near the leading wall. Over-
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all then, the velocity profile with radially inward flow is not as strongly skewed to-
wards the leading wall. This results in less of a difference between the trailing and
leading wall heat transfer coefficients with radially inward flow.

It is worthwhile then to develop nondimensional parameters that may be used to
correlate rotating effects to heat transfer. The rotation number (Ro) has been widely
accepted to establish the strength of rotation by considering the relative strength of
the Coriolis force compared to the bulk inertial force. As such, the rotation number
is defined as Ro = QDy/V. The buoyancy parameter (Bo) is useful to include the ef-
fects of density variation (centrifugal effects) and is defined as the ratio of the
Grashof number to the square of the Reynolds number; both of which are based on
the channel hydraulic diameter. Thus Bo = (Ap/ p)(RoQ)(R/Dh).

Typical rotation numbers for aircraft engines are near 0.25 with Reynolds numbers
in the range of up to 50,000. One method to achieve conditions similar to a real gas
turbine engine in the laboratory is to use air at high pressures. As the pressure of the
air increases so will the density. For a fixed Reynolds number, dynamic viscosity,
and hydraulic diameter, an increase in density will proportionately decrease the bulk
velocity. A lower bulk velocity will in turn increase the rotation number since the ro-
tation number is the ratio of the Coriolis force to bulk inertial force. Increasing the
range of the rotation number and buoyancy parameter is very important since gas tur-
bine engineers can utilize these parameters in their analysis of heat transfer under ro-
tating conditions.

Liou et al. [24] investigated the heat transfer in a rectangular channel (AR = 1:2)
with 45° angled ribs under high rotation numbers of up to 2.0 with a corresponding
Reynolds number of 5000. Zhou et al. [25] and Zhou and Acharya [26] studied a 4:1
aspect ratio channel with a rotation number of 0.6 at a Reynolds number of 10,000.
Chang et al. [27] experimentally studied a square duct with ribs at a rotation number
of 1.8 with a corresponding Reynolds number of 7500. Huh et al. [28] increased the
range of the rotation number by a factor of 4 for the AR = 2:1 channel. Liu et al.
[29] and Huh et al. [30] studied heat transfer in a 1:4 aspect ratio channel. They con-
ducted experiments with air at a pressure of approximately 620 kPa absolute. In their
studies, a rotation number of 0.65 was achieved at Reynolds numbers of 10,000. Fig-
ure 6 shows that heat transfer on the trailing surface with radially outward flow does
indeed increase under rotating conditions due to the flow phenomena previously de-
scribed. Both the smooth and ribbed channel experience degradation in heat transfer
on the leading surface. Rotation reduces the heat transfer in the ribbed channel by a
very significant 50%. However, due to buoyancy effects, the leading surface heat
transfer trends reverse after a critical rotation number is reached. Physically this im-
plies that the Coriolis force and centrifugal force have skewed the bulk flow so sev-
erally towards the trailing surface that reverse flow is occurring on the leading wall.
With radially inward flow, the heat transfer in the smooth channel shows the ex-
pected behavior on the leading wall. Surprisingly however, due to the aspect ratio of
the channel, the heat transfer on the trailing wall also increases. In square channels
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this is not the case. In ribbed channels the effects of rotation are reduced to the an-
gled rib secondary flows that interact with Coriolis force-induced cross-stream vor-
tices. Overall, these studies showed that the buoyancy parameter and rotation number
are useful in correlating the heat transfer enhancement or degradation due to rotation.

Numerical predictions have helped researchers better understand the complex flow
phenomena in the cooling passages. Turbulent characteristics are represented by a
range of different length and time scale eddies. The dissipation of turbulent kinetic
energy is related to small scale eddies while large eddies are similar to the mean
flow characteristic length. One approach to numerically solve the flow field is to re-
solve large eddies through the use of filtered Navier—Stokes equations. This removes
eddies which are smaller than the filter and is called large eddy simulation (LES).
Abdel-Wahab and Tafti [31] employed the LES in a ribbed rotating duct and investi-
gated the effect of Coriolis and centrifugal buoyancy forces. For the sub-grid stress
model the authors employed the dynamic Smagorinsky model. The predictions from
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their work showed good quantitative agreement with experimental data from the lit-
erature. The second moment closure model used by Chen et al. [32] has been applied
to internal cooling channels with a wide range of turbulator configurations and chan-
nel aspect ratios. The model was applied to a single pass rotating channel with a
square cross section with either 45° or 60° angled ribs by Jang et al. [33]. Al-Qahtani
et al. [34] extended these predictions to include 2:1 two pass channels and 4:1 single
pass channels with 45° angled ribs. Su et al. [35] used the same second moment clo-
sure model to predict the heat transfer coefficients in rotating 4:1 single pass channels
with V-shaped ribs. Similar to the experimental studies [10] that cover a wide range
of channel aspect ratios, Su et al. [36] performed a complementary study to numeri-
cally predict the heat transfer coefficients in the cooling channels with aspect ratios
varying from 1:4 to 4:1.

2.4 The Effect of a Developing Flow Entrance

Some gas turbine blade designs provide a developing flow entrance. It is well ac-
cepted that due to the thin boundary layer, heat transfer with developing flow is
markedly different from fully developed flows. Wright et al. [37] performed experi-
ments in channels with three different entrance geometries. They concluded that the
entrance condition would enhance the heat transfer. They also pointed out that the ef-
fect of the entrance weakens as the rotation number increases. The influence of the
entrance geometry also is stronger in the smooth channel when compared to the
ribbed channel.

The previous studies by Liu et al. [29] and Huh et al. [28] considered channels
with a developing flow. Liu et al. [29] considered a re-directed sharp bend entrance
and Huh et al. [28] studied a sudden expansion from a circular tube to the rectangular
cross section of the channel. Figure 7 shows the heat transfer at the channel entrance.
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Fig. 7. Local Nusselt number ratios for different entrance conditions.
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In these studies the Nusselt number under rotating conditions (Nu) is normalized by
the Nusselt number under stationary conditions (Nug). Thus, the enhancement/degrada-
tion due to rotation (Nu/Nuy) is extracted. Comparisons are drawn with the work [10]
that considered a fully developed flow at the entrance. Notable is the lack of degra-
dation in heat transfer, until large Bo values, on the leading surface for the develop-
ing flow cases. Heat transfer is clearly dominated by the entrance.

Also surprising is the different effect of rotation on the trailing surfaces between
the two aspect ratios considered. The AR = 2:1 channel shows little difference from
the fully developed channel. While the increase (due to rotation) is noticeably differ-
ent for the AR = 1:4 channel for the different entrance designs (sharp bend and fully
developed). Notice also that the buoyancy parameter range is different for the two
different aspect ratio channels. This is due to a smaller hydraulic diameter in the AR
= 2:1 case. Looking closely however, reveals that for a buoyancy parameter of ap-
proximately 0.85 (maximum for the 2:1 case) both AR = 1:4 and AR = 2:1 channels
with developing flow, actually have a similar heat transfer enhancement level on the
trailing surface due to rotation.

2.5 Effects of Sharp 180° Turn

The internal cooling passages of the gas turbine blade are connected by 180° turns.
This allows the cooling medium to make multiple passes through the blade so that
maximum cooling potential is realized. Flow in the turn region has been studied.
Nakayama et al. [38] considered the clearance gap in the turn region and performed
experiments using a laser-Doppler velocimetr. The results showed that the down-
stream separation bubble grew as the clearance decreased. Son et al. [39] used PIV
to study the flow field in the sharp turn region. The results showed that the recircu-
lation zone, just downstream of the turn, can occupy a space equal to 30% of the
channel hydraulic diameter with maximum reverse flow velocities equal to roughly
50% of the bulk mean speed. Interesting was also the observation that in the mid-
plane of the channel, the flow did not reattach to the separator wall, but the flow was
bifurcating instead. Liou et al. [40, 41] also investigated the flow inside the sharp
bend region. Their results showed that as the rotation number was increased the char-
acteristic Dean vortices are dominated by rotation and actually form a single vortex
that impinges on the leading wall. The separation bubble immediately downstream of
the turn likewise decreases in size with increasing rotation number. lacovides et al.
[42] experimentally studied flow and heat transfer in a rectangular channel connected
by a U-bend. Lucci et al. [43] numerically studied the three-dimensional turbulent flow
and heat transfer in a square U-bend duct. Luo and Razinsky [44] performed a nu-
merical study of the turbulent flows through a number of 2D and 3D 180° U-ducts,
with and without guide vanes, using the Reynolds-averaged Navier—Stokes method.

Liu et al. [29] and Huh et al. [28] considered heat transfer in rectangular channels
connected by a sharp 180° turn with smooth walls. Figure 8 shows the different be-
havior in heat transfer in the turn portion for the two different aspect ratio ducts. Re-
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Fig. 8. Heat transfer in the sharp turn of the 1:4 and 2:1 channels.

gion 6 is in the first half of the turn. The heat transfer on the trailing surface for
both channels increases more rapidly than the leading because the flow in the first
pass is radially outward. The maximum rotation number (Ro = 0.45) for the AR =
2:1 channel is less due to a smaller hydraulic diameter. However, recognize that at
this rotation number, the heat transfer enhancement (due to rotation) on both the lead-
ing and trailing surfaces is greater for the 2:1 channel compared to the 1:4 one. Most
interesting is the stark difference in heat transfer behavior in the second half of the
turn (region 7) of the two channels. Clearly, the heat transfer in the 1:4 channel in-
creases on both the leading and the trailing surfaces. However, the leading heat trans-
fer enhancement is greater since the Coriolis force changes direction because the flow
is radially inward. The 2:1 channel shows only a modest increase of heat transfer and
the effect of rotation levels off even at the higher end values of the rotation number
range. The effect of the sharp 1800 turn is quite different for these two channels.

2.6 Internal Tip Cooling

A gas turbine blade experiences high heat loads on the tip portion due to high ve-
locity fluid leakage between the rotating blade and casing. Until recently, most of the
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studies that have considered heat transfer in multi-pass internal serpentine channels
provided minimal information on heat transfer on the inside of the blade tip. Even
fewer studies are available that consider the effect of rotation on blade tip cap heat
transfer. Jenkins et al. [45] performed experiments using a novel heat flux sensor and
the liquid crystal technique. Tests were performed on the tip cap of a 4:1 aspect ratio
channel. Bunker [46] used the liquid crystal technique to study the heat transfer on
the tip cap of a 2:1 aspect ratio channel. Five tip-cap surfaces were tested including
a smooth surface, two different heights of aluminum pin arrays, one more closely
spaced pin array, and one pin array made of insulating material [46]. The Reynolds
number in the experiments ranged from 200 K to 450 K. The results indicated that
by using enhancement techniques, the heat transfer on internal surface of the blade
tip cap could be increased by 150%. However, this included the additional area in-
crease as a result of the roughness methods. It was also shown in [46] that by nulli-
fying the area increase a very acceptable increase of 20-30% in the heat transfer
coefficient could be obtained. The pressure penalty was negligible. Xie et al. [47] nu-
merically predicted the heat transfer on the tip cap portion of a two-pass rectangular
channel with an aspect ratio of 1:2. The study considered pin-fin arrays on the tip
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portion. The results suggest that heat transfer coefficients obtained with a pin-fin
array increased by 84% compared to the smooth tip cap. However, a 35% increase in
pressure drop was accompanied in the augmented tip cap design.

The effects of rotation on tip cap internal heat transfer in rectangular channels with
AR = 2:1 was presented in [28]. Huh et al. [48] and Liu et al. [29] provide heat
transfer results on the tip cap of the 1:4 aspect ratio channel. In that study, the adja-
cent leading and trailing surfaces of the main passages were lined with ribs. Figure 9
reveals that rotation helps to increase cooling of the blade tip internal surface. Rota-
tion more than doubles the heat transfer coefficients on the tip cap surface near the
trailing side in both passages (tip 6 and tip 7). On the portion of the tip located in
the second pass (tip 7), the effect of rotation is similar. However, this is not to be
confused with less heat transfer, but rather the rotation effects are similar. The reason
is because flow is highly turbulent in the turn portion as the mainstream makes the
transition from a radially outward to a radially inward direction. The effect of rotation
on the heat transfer near the leading side is consistently less than that of the trailing
side.

3. COOLING THE TURBINE BLADE LEADING EDGE

The mainstream flow of hot gases exits the combustor and is directed through the
nozzle guide vanes and then impinges on the leading edge of the first stage rotor
blades. The temperature of these gases may exceed 1500°C, which is clearly well in
excess of allowable metal temperatures. These high heat loads require clever cooling
schemes to be used at the leading edge of the blade. A commonly employed internal
cooling technique is to use jet impingement on the internal surface of the cooling
passage at the blade leading edge. Air from the compressor of the gas turbine system
is bled off and passed through the internal cooling channels of the gas turbine blade.
The internal channel at the blade leading edge utilizes this cooling air for impinge-
ment on the blade leading edge inner surface. Selectively placed jet-holes (or nozzles)
are located on the leading edge pass inner wall that divides the leading edge channel
from other serpentine passages. Flow from the neighboring internal passage is forced
through these jet-holes so that impingement occurs on the leading edge inner surface
of the blade. The design application of this type of cooling scheme must consider
several different factors; namely, the shape of the jet nozzle, the layout of the jet
holes, the shape of confinement chambers, the shape of the target surface, the jet-to-
target spacing, and cross-flow effects are just a few.

3.1 Enhancement of Impingement Target Surfaces

As a result of advancements made in research of heat transfer enhancement tech-
niques, (i.e., rib turbulators, pin-fins, dimples) designs of leading edge internal cooling
passages are now also incorporating these turbulence enhancement methods. Recent
studies have considered the combined effects of target surface roughening coupled
with jet impingement. Annerfeldt et al. [49] performed experiments on a flat target
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plate roughened with triangular, wing, and dashed ribs. Taslim et al. [50] investigated
heat transfer on a curved target surface to more realistically simulate the leading edge
of the blade. Three different roughening techniques were studied: conical bumps, ta-
pered radial ribs, and sand paper type roughness. Later the study was extended to in-
clude horseshoe ribs and notched-horseshoe ribs [51].

Son et al. [52] considered a pin-fin heat transfer enhancement technique for the
target surface. These studies concluded that there is a benefit to be gained by rough-
ening the target surface. It was shown that heat transfer enhancement was driven by
the additional area increase of the roughening technique. Other studies considered en-
hancing the target plate heat transfer with dimples. Kanokjaruvijit and Martinez-Botas
[53, 54] showed that by impinging on the dimple, higher energetic vortices were gen-
erated and thus heat transfer was increased.

3.2 Film Cooling Hole Effects on Impingement

Since the leading edge of the gas turbine blade incorporates a showerhead film
cooling design, studies have also included film-cooling holes on the target plate.
When an initial cross flow is present, the jet impingement on an effusion target plate
has been shown to provide higher heat transfer than impingement on a solid plate
alone. Rhee et al. [55] explain that the cross flow effect is reduced due to the film
cooling holes. Studies by Cho et al. [56] and Taslim and Khanicheh [57] also have
shown that the heat transfer can be significantly increased by including the film cool-
ing holes on the target plate.

3.3 Mach Number Effects on Impingement

Most studies involving impingement heat transfer have varied the jet Reynolds
number with the Mach number. Brevet et al. [58] considered the effects of changing
Mach number at a constant Reynolds number for a single jet. The highest Mach
number in the study was 0.69. From their results, they concluded that at low Mach
numbers (<0.2) the influence on heat transfer, by the Mach number, could be ne-
glected. However, at higher Mach numbers, compressibility effects must be consid-
ered and it was shown that heat transfer could be increased on the target surface.
More recently, Park et al. [59] considered the separate effects of Mach number and
Reynolds number of a jet array. They showed that for higher Reynolds numbers at
high Mach numbers, previous correlations were inadequate. A new correlation was
proposed for the extended range of Reynolds and Mach numbers.

3.4 Jet Geometry

Other studies have considered different jet-hole designs [60] and variable size jet-
holes and spacing of the impingement jet array [61, 62].

3.5 Rotating Effects on Jets

All of the studies previously mentioned considered jet impingement heat transfer
under stationary conditions. Of course, however, the turbine blade is rotating. A hand-
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ful of studies [63—66] are available on rotating effects on jet impingement heat trans-
fer. Overall, the effectiveness of the jet is reduced under rotating conditions due to
deflection from the target surface.

3.6 Ribbed Internal Leading Edge Channels

Ahn and Son [67] studied the heat transfer and pressure drop in a roughened equi-
lateral triangular channel used to model the internal cooling passage at the blade lead-
ing edge. Their studies considered heat transfer enhancement with ribs at different
rib-pitch/rib-height ratios of P/le = 4, 8, and 16. They concluded that the P/e = 8 has
the best thermal performance with the Reynolds numbers ranging from 10,000 to
70,000. Haasenritter and Weigand [68] performed a computational study of the heat
transfer in a rib-roughened triangular channel. Lee et al. [69] measured the heat trans-
fer and pressure drop in a rotating equilateral triangular channel with three different
rib arrangements: 45°, 90°, and 135°. They showed that the thermal performance for
45° and 135° angled ribs are very similar and both were higher than the 90° ribs.

Recently, two studies by Liu et al. [70, 72] modeled the leading edge cavity as an
equilateral triangle. The studies collectively considered three different rib configura-
tions. A high rotation number of 0.58 was achieved by using a pressurized system.
Figure 10 shows the channel average heat transfer enhancement/degradation due to
rotation by considering the ratio of the Nusselt number from rotating experiments to
that of stationary experiments (Nu/Nug). The Reynolds number range is from 10,000
to 40,000 and the rotational speed was varied from O to 400 rpm. In smooth channels
the effect of rotation is more pronounced since the added benefits of ribs (secondary
flows) are not present. Rotation nearly doubles the heat transfer on the trailing sur-
face in the smooth channel due to impingement of Coriolis force induced secondary
flows. The flow near the leading surface begins to stabilize with rotation resulting in
slightly reduced heat transfer. The added benefit of ribs is to create secondary flows
and increase near-wall turbulent mixing. Both the leading and the trailing surface heat
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Fig. 10. Buoyancy parameter effects in the equilateral triangle channel of Liu
et al. [70].
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transfer is considerably increased in the stationary reference frame. Thus, Nug will be
high. This is the reason why such a small effect of rotation is observed in the ribbed
triangular channel. Only when the buoyancy parameter reaches large values is there a
change in heat transfer.

4. TRAILING EDGE HEAT TRANSFER

Effective cooling of the trailing edge is required to prevent burnout. The internal
cooling passage has been represented with wide aspect rectangular channels [73, 74].
However, the cross-sectional shape is best represented with a wedge or trapezoid. To
enhance heat transfer in this region of the blade, the leading and trailing surfaces are
roughened with ribs or pin-fins. Further protection is provided with coolant ejection
from the narrow portion of the channel. Hwang and Lu [75] studied the effects of
lateral-flow ejection, pin shapes, and flow Reynolds number in a trapezoidal duct.
Carcasci et al. [76] also investigated heat transfer and pressure drop inside wedge-
shaped cooling channels with pedestals (long ribs) and pin-fins. Cunha and Chyu [77]
used a liquid crystal technique to obtain heat transfer data inside the wedge-shaped
channel with and without discharge through slots or holes. Wright and Gohardani
[78] used a traditional copper plate method to investigate the heat transfer in a rec-
tangular (AR = 3:1) and trapezoidal channel. The study considered fully developed
and developing flow conditions. The experiments were conducted with and without
coolant ejection. Other studies [79, 80] have also considered different aspects of heat
transfer and fluid in the trapezoidal/wedge shaped channel.

4.1 Rotating Effects on Trailing Edge Cooling Channels

The aforementioned studies on trapezoidal and wedge shaped cooling passages
were all conducted under stationary conditions. However, the additional effects of Co-
riolis induced secondary flows and centrifugal driven buoyancy alter the heat transfer
characteristics. Chang et al. [81] studied heat transfer in rib roughened trapezoidal
duct with bleed holes. Wright el al. [82] considered heat transfer in a trailing edge
cooling passage with smooth walls. The channel was placed at an angle of 135° rela-
tive to the direction of rotation. Wright et al. [82] showed that the data in a smooth
wedge-shaped channel can be correlated as a function of buoyancy parameter. Liu
et al. [71] extended the study to include slot ejection. The rotation number in their
study was 1.0 based on inlet velocity. Due to ejection from the channel, heat transfer
analysis utilized a local rotation number, Reynolds number, and buoyancy parameter.
Figure 11 presents their streamwise and spanwise averaged Nusselt number ratios.
The data is correlated with the buoyancy parameter by a power law function. Over
the range of Reynolds numbers and rotational speeds tested, it is seen that each of
the three surfaces follows very distinct trends. The data for each surface collapse on
to common curve. Most notably, for all three surfaces, the Nusselt number ratios in-
crease as the rotation number increases. The heat transfer enhancement with slot ejec-
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tion is much higher than the cases without slot ejection. Even with the effect of slot
ejection in the wedge-shaped channel, it is observed that the data can be correlated
with the buoyancy parameter from the combination of variable Reynolds numbers and
rotational speeds.

5. CONCLUDING REMARKS

Over the past decade, research on gas turbine blade heat transfer has progressed
considerably. Many aspects of internal cooling have been considered. Advanced jet
impingement studies have coupled the benefits of high heat transfer resulting for im-
pinging jets with surface enhancement techniques.

The additional complications associated with showerhead film cooling ejection have
also been taken into account. However, the full realization of the effects of rotation
on leading edge jet impingement needs progression as is evidenced by limited litera-
ture. Heat transfer studies on the internal serpentine cooling passages found in the
mid-portions of the blade have evolved from experiments at low rotation numbers to
sophisticated experimental methods that provide more realistic engine conditions. Yet
still, progression is needed to provide more information on even higher buoyancy pa-
rameter ranges at higher Reynolds numbers. This information will be of great interest
to the land based gas turbine designer. Other points of focus involve heat transfer in-
side cooling channels with bleed hole effects, tip internal surface enhancement meth-
ods along with ejection, all under rotating conditions. With advancements being made
on alternative fuel sources for turbines (i.e., hydrogen), a step change in the capabil-
ity of blades to handle higher heating loads is a must. Compound and new cooling
concepts need to be developed and explored, such as heat pipe and micro-channel ap-
plications for blade tip, leading, and trailing edge cooling. Fundamental studies need
to consider the effects of rotation on these new cooling concepts. Development of

821



this technology will ensure that the blade design is not the limiting factor for in-
creased efficiency and the move to other fuel sources.

NOMENCLATURE

AR aspect ratio
Bo buoyancy parameter
Dy hydraulic diameter
e rib height
e/Dy blockage ratio (rib-height to channel hydraulic diameter ratio)
e roughness Reynolds number
fo Blasius correlation friction factor
G heat transfer roughness function
H channel height
Nu Nusselt number
Nuy Dittus/Boelter correlation Nusselt number
P rib pitch
Ple rib-pitch to rib-height ratio
R friction roughness function
Ro rotation number
TP thermal performance
Vv velocity
w channel width
Greek symbols
o rib angle
Ap density difference based on inlet temperature and wall temperature

angular velocity
p density.
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The speed with which a new aircraft engine is developed prevents
extensive experimental testing of key turbine components. For this
reason, design engineers rely increasingly on computer simulations to
develop and perfect components before committing to final designs.
CFD predictions can fail to accurately predict some key features of
turbomachinery flows, and design engineers often seek to calibrate
their designs and CFD predictions against test data. This paper ad-
dresses the use of flow and heat transfer experiments in the context
of turbine cooling system development. It reviews how experiments
can be used to support both research activity and the engine develop-
ment program (EDP). The paper describes the state of the art in Per-
spex model test technology and the introduction of rapid prototyping
(RP). This paper reports applications of these models to aerothermal
testing of turbine component and reviews the advantages and the
shortcomings of such testing. The paper focuses on the stereo-lithog-
raphy (SL) technique as this remains the most popular method for
producing test models for aero-thermal tests. The paper also explains
how judicious use of RP test data can be used in cooling system de-
velopment to arrive at optimal systems.
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1. INTRODUCTION

1.1 Data Context

The requirement for long component life combined with the extremely high gas
temperatures used in modern HP turbines requires very detailed predictions of the
blade and vane temperatures. In order to design the cooling scheme efficiently, de-
tailed knowledge of the local HTC within the cooling system is necessary. Since the
detail of the real engine cooling geometry has an effect on the HTC levels, there is
a pressing need to investigate real geometries in order to optimize the cooling
schemes. It is often the case that simplification of the geometry makes interpretation
of the results to the engine context difficult.

2. PERSPEX MODEL TESTING

Perspex model tests represent the state of the art for heat transfer data accuracy
and resolution for blade cooling. The technique was originally developed in the 1980s
and has been employed with success by many heat transfer research groups. It is also
now used by most of the gas turbine companies. The method relies on subjecting a
Perspex model of the cooling passage to a sudden change in gas temperature. The re-
sponse of the surface temperature is then measured using Thermochromic Liquid
Crystal material (TLC) as described in [1].

2.1 Fully Featured Geometry

The technique is very well suited to measuring detailed HTC distributions in com-
plex geometries [2], and one recent development is application to realistic geometries
including most of the cooling passage features. Measurement of local coolant tem-
perature variation through the transient experiment allows highly accurate HTC data
to be obtained on all internal surfaces of a turbine blade or vane cooling passage [3].
Advanced data analysis and image processing strategies can be employed to allow for
local variations in viewing and lighting conditions [4].

There are many reports in the literature that show that the effect of rotation on
blade cooling heat transfer coefficients can be significant. The strength of the effect
depends on whether secondary flows caused by the Coriolis acceleration and/or buoy-
ancy forces, indicated by high rotation number and buoyancy numbers, respectively,
are significant relative to the secondary flows for a stationary passage. One of the
most comprehensive studies in this field was performed by Johnson et al. [5] who
provided area-averaged data for ribbed passages with inward and outward flow. Such
average data finds direct application in the first stage of a blade cooling system de-
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Fig. 1. PIV measurements of velocity showing the effect of rotation on secon-
dary flows downstream of a bend in a cooling passage with 60° inclined ribs
[6]. The velocity data on the left are without rotation.

sign. Over recent years, high-resolution experimental methods have been used to gain
understanding of the flow physics and to allow better resolution data to be used in
3D designs. Figure 1 shows the velocity measured downstream of a bend with 60°
inclined ribs installed upstream [6]. The rotation number for the data on the right is
0.33. The ribs visible in the images and measurement planes are, from top to bottom,
at 5%, 15%, 85%, and 95% from the inner wall. Even with ribs with a height of
10% of the passage hydraulic diameter, rotation is seen to disrupt the pair of counter-
rotating vortices present in the non-rotating case. Liu et al. [7] recently measured the
effects of rotation on HTC in a triangular shaped passage fitted with 45° and 90° in-
clined ribs. They showed that rotation had more effect on 90° ribs than 45° ribs. Huh
el al. [8] studied the effect of rib pitch in rectangular passages with 45° ribs and con-
cluded that ribs with a pitch as close as 2.5 rib heights produced the best overall
cooling.

The considerable amount of work involved in an experimental campaign to study
rotating effects on HTC means that it is usually not possible to use rotating heat
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Fig. 2. The Rotating Heat Transfer Rig used by Rolls-Royce to study the effect
of roration on blade.

transfer measurements directly in an EDP. For this reason, rotating heat transfer ex-
periments are normally used in research activity. A recently launched European FP7
supported program, ERICKAI1, will study the effect of rotation on cooling systems
with engine realistic geometries. The project will use rotating facilities at Rolls-
Royce, Fig. 2, and at ONERA to quantify the effect of rotation on fully featured ra-
dial flow and impingement systems.

2.2 Application to EDP

Perspex model heat transfer experiments are used both in research activity and as
part of an EDP. In the case of the latter tests, the high-resolution data can be used
to check assumptions used in the cooling design. Typically, the heat transfer data

3Pass ™ Pass 17 Pass

Fig. 3. Comparison between experimental HTC measurements, LHS and CFD
predictions, RHS [9].
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Fig. 4. Example of the fine resolution HTC data available from CFD [9].

Fig. 5. Predicted gas temperature distribution [9].

from a static model is compared to the results from CFD. For a blade cooling design,
the CFD is then used to predict conditions under rotation as discussed below. A re-
cent example of the comparison of detailed CFD to static rig test data was reported
by Jackson et al. [9]. The computational results were registered to pressure drop and
heat transfer measurements in a non-rotating passage. This work formed part of an
EPD and enabled assumptions used in the thermal model of the blade to be evaluated
before the engine was operated. Figure 3 shows both the CFD and experimental data.
At the time of writing, the combined use of experiments and CFD represents the best
way of feeding data into a new design. The CFD provides heat transfer data for the
full surface of the cooling system so the impact of fine geometric details can be
evaluated. Fig. 4 shows the HTC distribution in the vicinity of a set of film cooling
hole entrances, together with the path of surface streamlines. The latter confirmed the
presence of significant swirl which reduced the discharge coefficient. The latter effect
has also been reported by Gritsch et al. [10].The zones of enhanced HTC downstream
of the holes were confirmed on the experiments and have been reported before, e.g.,

g
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Fig. 6. Percent difference between HTC calculated using center line gas tem-
perature and HTC from mixed bulk temperature [9].
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[11]. The CFD was also used to appraise the use of single thermocouples in the ex-
periment at selected planes for the evaluation of heat transfer coefficient. Fig. 5
shows the mid-span predicted gas temperature used to evaluate mixed bulk tempera-
ture at planes perpendicular to the flow direction. Fig. 6 shows that the use of one
thermocouple per plane leads to an offset in HTC of about 5% with slightly larger
differences downstream of the bends.

Once a detailed comparison of the static rig experimental data and CFD predictions
are complete, the effect of rotation is predicted by CFD. This step requires careful se-
lection of the right turbulence model but there are reports that accurate prediction of
rotating passage HTC is possible. Sleiti and Kapa [12] showed that a Reynolds Stress
Model accurately predicted the 90° rib data measured in [13]. More recently, Raisee
et al. [14] reported the use of a nonlinear k—€ turbulence model in stationary and ro-
tating ribbed ducts. lacovides and Launder [15] give a recent review of the applica-
tion of CFD to blade cooling.

3. RAPID PROTOTYPING

Rapid prototyping of components is increasingly used as a means of assessing the
performance of new cooling system configurations. The technique cannot provide the
high resolution HTC data that Perspex model testing can. But rapid prototype model
tests can provide crucial flow data at an early stage of a new design. Once the Com-
puter-Aided Design (CAD) geometry of a component is defined, a model can be pro-
duced, literally, overnight so that the shape of the part can be quickly reviewed in the
design office. The cost of such a plastic component depends on its manufacture time
but for an aircraft engine vane or aerofoil the cost is typically only a few hundred
pounds. Thomas and Hodson [16] present a recent review of the application of rapid
prototyping in wind-tunnel testing. They compared the geometric accuracy, porosity
and practicality of test pieces manufactured by four different rapid prototyping ma-
chines.

3.1 Description of Stereo-lithography

Stereo-lithography is a class of rapid prototyping which involves the building up of
the three-dimensional model in small, finite layers by hardening resin in a tank using
a UV laser, Fig. 7. SL was invented more than twenty years ago [17] and has been
readily available to the industry for about 15 years. Recently, aerospace engineers
have used SL to manufacture test pieces for aerodynamic experimentation. For exam-
ple, Dedoussis et al. [18] report application of SL models in compressor testing.
Telisinghe et al. [19] used SL models of different aerofoil trailing edge models to as-
sess the relative aerodynamic loss of different trailing edge film cooling geometries.
The SL component is produced in a tank of ultraviolet (UV) curable photopolymer
resin by using a laser to draw the component shape in three dimensions The CAD
file is converted into a sliced (SLI) file, by chopping the model into thin layers, typi-
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Fig. 7. The SL process [20].

cally 0.1-mm thick. The UV laser traces the full shape of the first layer and causes
the liquid to solidify in a thin sheet on the surface of a horizontal platform immersed
in a tank of resin. After the layer is complete, a sweeper passes through the tank at
the height of the top of the layer. The sweeper prevents unhardened resin from stick-
ing to any surface and also flattens the surface of the hardened layer. The platform
then drops down by one layer thickness, and the laser solidifies the next layer. This
process repeats, layer by layer, until the model is complete. The solid component is
then rinsed with a solvent to remove unhardened resin. At this stage the amount of
cross-linking of the polymer triggered by the laser results in a weak structure. Further
hardening of the component is achieved by baking it in an ultraviolet oven to fully
cure the resin.

3.2 Geometry of the S Model

3.2.1 Staircase roughness

All rapid prototyping methods result in a surface roughness that can affect the flow
under study. A typical modern SL machine uses a step size in the range 50 X 100 um.
The sides of the perimeter of each layer are essentially vertical which means that mod-
els with surfaces that are not vertical take on a staircase form. These steps inevitably
create a periodic surface roughness. The size of the step can be minimized to reduce
the roughness, but this is at expense of increased build time and cost.

The height and pitch of the roughness elements depend on the angle at which the
surface is built relative to a horizontal platform. For small components and high
speed flows, the roughness height can result in a surface that is not hydraulically
smooth. In cases where the flow swept surface is on the outside of the component,
the surface roughness can be reduced by gently polishing with sand paper. However,
in the case of a cooling passage, it is not possible to access the internal surface.

The potential effect of this roughness on flow through passages was considered in
detail by Mittal et al. [21]. Figure 8 shows four circular pipe tests pieces grown at
different angles to study the effect of staircase roughness on friction factor. Each
piece is shown with inlet and outlet flanges. Four 100 mm long pieces had internal
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Fig. 8. Circular pipes grown at different angles to platform [21].

=

Fig. 9. Diagram showing schematically the form of the surface roughness of SL
components [21].

diameters of 5 mm were grown at 0°, 20°, 45°, and 90° to the platform. Two smaller
pipes with diameter 3 mm and one square section pipe with hydraulic diameter 5 mm
were also tested.

The SL produces internal surface roughness that varies around the perimeter as in-
dicated in Fig. 9. The shape of each circular section pipe surface is analogous to the
shape formed from stacking a set of washers with elliptic holes. It can be seen that:

o The step size varies around the perimeter of the passage. The inset diagram to
the left indicates that the step size is greatest at the highest (and lowest) points.

e The steps form grooves that are inclined to the flow direction at the build
angle.

The SL pipes were tested in the small blow-down facility shown in Fig. 10. The
operating pressure and scale of the models meant that engine cooling Reynolds num-
bers could be achieved.

To achieve a range of engine representative Reynolds numbers in the laboratory
the experiments were run inside of a pressurised chamber. The chamber was pressur-
ized to 6.89 bar (100 psi), and the test pipe vented through a calibrated choked ori-
fice. As the pressure drops in the chamber, the density and temperature of the air
also decrease and the mass flow through the pipe reduces. A set of low range, piezo-
resistive differential pressure transducers were used to measure the static pressure dif-
ference between pairs of adjacent tappings. The transducers were placed inside the
pressure chamber in order to minimize common-mode error and to enable the use of
sensitive transducers.
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Fig. 10. Schematic of facility used to measure f for SL pipes [21].

Data from a representative blow-down experiment is shown in Fig. 11 where each
line is the signal from an individual transducer.

Figure 12 shows the measured friction factor as a function of Reynolds number for
all of the pipes tested. The top left hand chart shows the data for a smooth brass
pipe used to confirm the accuracy of the experimental method. The SL pipe data con-
firm that the surface roughness has increased the friction factor. The green dashed
line was calculated from the Colebrook equation [22] where the area average equiva-
lent sand grain roughness of the SL process has been estimated from a Talysurf
measurement of the greatest roughness line multiplied by 2/n and by the cosine of
the build angle. The law of the wall method was an attempt to account for the
change in roughness with perimeter in the SL pipe by adapting an approach used for
passages with two facing rib walls and two connecting smooth walls. The latter was
introduced for rib passages by Mayle [23] and its development for SL pipes is re-
ported in [24]. This approach gives better agreement to the data but requires more
calculation.
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Fig. 11. Raw pressure data for the 5-mm diameter pipe grown at 20° [21].
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The friction factor data was then used to calculate the equivalent sand from the
Colebrook equation and the results are presented in Fig. 13. The results show that
pieces with the same growth angle exhibit the same equivalent sand roughness re-
gardless of pipe diameter. The step height at the wall is equal to the build step size
times the cosine of the build angle. If we ignore the pipe grown at 0°, the test pieces
grown at 20° should have the highest element height and greatest equivalent sand
roughness. The pieces grown at 90° should have the smallest element height and
equivalent sand roughness. Both of these observations are consistent with the data.
Theoretically, the pipe grown at 0° has the largest steps, but these steps are aligned
with the flow to form ridges. This feature indicates that the use of a simple derived
step height to calculate equivalent sand grain roughness is an approximation to SL
surface roughness.

3.2.2 Shrinkage and growth

The resin curing process results in linear shrinkage of the model which can be
compensated for. The amount of shrinkage depends on the resin used but is typically
0.1-0.2% in directions parallel to the platform. Shrinkage in the orthogonal direction
is normally smaller than this. Most SL machines allow this to be compensated for
during manufacture and, in practice, this is not usually a problem. Early SL resins
absorbed moisture over time which led to a gradual swelling of the component. More
recent resins are moisture resistant which increases the stability of the model.

3.2.3 Other deviations

When the SL component grows at inclination to the vertical, it is often necessary
to include a support structure, or scaffold, to strengthen the model. The scaffold is re-
moved once the model is taken out of the tank and the attachment locations
smoothed by abrasion. It is not possible to include supports for internal walls so ac-
curacy of the latter depends on the strength of the model. This effect can cause the
walls of inclined film cooling holes to sag and this reduces the flow area. For this
reason, SL models are often grown with orientations resulting in the film axes grow-
ing at 90° to the platform.

3.3 Accuracy of Flow Controlling Areas

Many cooling system designs include part of the flow path with a flow area being
significantly smaller than the rest of the system. This area effectively sets the coolant
flow rate and is usually accurately manufactured by laser or by Electro Discharge
Machining. Fortunately, this means that this zone of an RP model is also accessible
for machining — specifically drilling.

3.4 Heat Transfer Measurements

The conventional transient heat transfer technique is not used for SL models for
two reasons.
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[24].

e SL resin is not transmissive so there is no optical access to a coating applied
to the inner surface. Techniques that rely on measuring the temperature on the
outer surface of the test piece are known to be inaccurate. However, it is worth
noting that recent progress in SL technology has introduced plastics that, when
polished, are transmissive so this constraint may disappear.

e The thermal properties are not well characterised and are not isotropic.

S1 models can be used to determine average HTC between planes where gas tem-
perature measurements can be made. This approach was employed in Perspex models
[25], and it uses the enthalpy change between planes to determine heat loss. In its
simplest form, the method extrapolates the temperatures to the start of a thermal tran-
sient when the model temperature is uniform and known. The technique used by Mit-
tal et al. [21] models the temperature of the test piece during gas temperature
transients to enable the temperature changes following a series of gas temperature
transients to be analysed.
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Figure 14 shows data used to determine the change in HTC caused by the staircase
roughness intrinsic in the SL process.

The HTC enhancement is compared to the friction factor increase in Fig 15. The
chart shows that:

e SL models cannot be used to represent smooth passages when the models have
small diameters.

e The SL roughness is worse for shallow growth angles, although zero degrees is
an exception.

e Friction factor enhancement is greater than the HTC enhancement.

Blowing ratio 0,8

a0 z00 300 400 200 600 700

Fig. 16. CAD model of trailing Fig. 17. Film effectiveness measured at
edge cut back model used by the trailing edge of an SL model by
Telisinghe [26]. Telisinghe [26].
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Another means of making heat transfer measurements with SL. models is to insert
an insulated heater pad into the region of interest. This approach was used by Telis-
inghe et al. [19] who studied the cooling effectiveness and aerodynamic loss of dif-
ferent trailing turbine blade edge models. Their original flat plate geometry, Fig. 16,
was derived from the engine CAD model which enabled the results to produced in
time to influence the engine project. Figure 17 shows the film effectiveness measured
at the trailing edge.

4. USE OF EXPERIMENTS IN OPTIMISATION STUDIES

The successful integration of parameterized CAD, meshing and CFD software has
enabled engineers to perform extensive parametric studies of the effect of key geo-
metric parameters on performance. Namgoong et al. [27] recently applied this strategy
to the reduction of pressure loss around a 180 bend and arrived at a geometry that
reduced the bend loss by 67%. The optimum geometry was derived from CFD that
has known limitations for the accurate prediction of separations. Since all of the ge-
ometries studied had, of necessity, been CAD modeled, it was straightforward to con-
firm the performance of the optimum bend by low pressure testing with SL models.

During the optimization phase, the U-bend was parameterized by using NX2-
Knowledge-Fusion. The design variables were chosen to be control point locations of
a spline curve as shown as the black dots in Fig 18. The passage is symmetric so the
red dots are not independent.

A total of 24 parameters were used and each design variable bounded to reflect
practical constraints. Figure 19 shows an example parameterized U-bend. The U-bend
optimization process requires a Navier—Stokes solver to model the effect of viscosity
on the bend flow. In order to obtain a converged solution for this problem, FLUENT
required about three hours computational time using 8 parallel Intel 2.4 GHz CPUs.

Fig. 18. Schematic of design vari- Fig. 19. U-bend modeled by using

ables. NX-Knowledge-Fusion.
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Fig 20. Contours of velocity for the standard bend showing the large separation
at the inner wall.

A typical mesh comprised 6.3 million elements with y* levels of approximately 1.1.
This high computational cost meant that it is prohibitively expensive to use a direct
numerical optimization approach. This is the case, even for gradient-based optimiza-
tion which requires less computational time than a stochastic based algorithm, i.e.,
Genetic Algorithm (GA). This heavy computation cost led the authors to use a DOE
(Design of Experiment) based data set generation and surrogate design space ap-
proach. The use of a surrogate model for object function evaluation is much cheaper
than the CFD evaluation but depends on the surrogate model accurately representing
the design space.

Operation of the NX, ICEM CFD, and FLUENT programs was combined using a
script code to complete DOE data set with input design variables from iSIGHT and
output values, i.e., static pressure difference (objective function values) for the surro-
gate design space model. Because each CFD run is computationally expensive, it was
necessary to reduce the computational time as much as possible. For this reason, in-
terpolation of the solution from the base geometry was used for initialization which
reduced the time for convergence significantly. To further save computational time, a
one equation turbulence model [28] was selected. Figure 20 shows the predicted sepa-
ration at the inner wall of the standard bend. The separation ensures that the flow is
not diffused reversibly, and this leads to a bend loss coefficient of 1.8. Figure 21
shows that changes to the inner wall shaped for the 2D optimum passage have kept
the flow attached to the wall.
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Fig. 21. Contours of velocity for the optimized bend showing the elimination of
the separation at the inner wall.
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Fig. 22. SL model of Fig. 23. Static pressure divided by dynamic head
the standard bend. (vertical axis) versus distance divided by passage.

Figure 22 shows the SL model of the datum bend with the cover plate removed.
Flow enters from the bottom left. The oil dots confirm the size of the inner wall
separation. The SL models were instrumented with static pressure tappings and Fig.
23 shows the reduction in static pressure, divided by duct dynamic head for the pas-
sages modeled. The straight line labeled "friction factor" is calculated from an equa-
tion for turbulent flow through ducts. The excellent agreement to the data ahead of
and downstream of the bend confirms that the SL roughness has not affected the
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pressure drop. In these cases, the models were grown with zero inclination to the SL
platform with square section dimension of 30 mm. Close inspection of the results
shows that there is a slight discrepancy between the CFD and experimental results.
The disagreement is greatest at 14% for the datum configuration, the standard bend,
which has the largest separation. It can be seen that the CFD predicts the loss for the
bends studied in the correct order and most importantly, the optimization strategy has
produced a bend with significantly less loss than the datum. The speed at which the
models were produced and tested enabled data to be available for the EDP.

5. CONCLUSIONS

Perspex models are still used in flow and heat transfer tests in the development of
gas turbine cooling systems. Their traditional application is in research programs
where experiments are performed to develop CFD simulations. Current research activ-
ity in this field includes studies of fully featured and rotating cooling systems. In ad-
dition, the level of accuracy of HTC required for an EDP means that Perspex tests
are required to register the CFD on static experiments.

For many internal cooling geometries it is not possible to smooth the surface of an
SL model before tests. In such cases, the suitability of a SL model for engine simu-
lation depends on whether the model can be designed at a scale that makes the SL
roughness small enough to leave the passage hydraulically smooth. In practice, this
means that experiments need to be designed carefully so that roughness effects do not
influence the conclusions of an experimental program.

Provided the experiments are carefully designed, SL models can play an important
part in the development of news systems. The speed with which models can be
manufactured from an existing CAD geometry means that flow experiments can be
performed in time to play a part in an engine project. A recent example is in the
confirmation of the performance of a new bend share derived entirely from CFD.
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The present paper concentrates on trailing edge film cooling of
modern high-pressure turbine blades using cooling ejection through
planar slots with a pressure side cutback. The experimental test sec-
tion consists of a generic scaled-up trailing edge model. The effects
of different geometric configurations on the structure and the perform-
ance of the cooling film are investigated in terms of film cooling ef-
fectiveness, heat transfer coefficients, and discharge behavior. The
interaction between an internal turbulator array of ribs with the ejec-
tion slot lip is of major interest. Different designs of the cooling ejec-
tion lip are applied. Four different ratios of lip thickness to ejection
slot height (#H = 0.2, 0.5, 1.0, 1.5) are investigated, as well as three
different lip contours representing typical manufacturing imperfections
and wear. The experiments are performed at engine-realistic density
ratios. The blowing ratios are varied between 0.2 < M < 1.25. The re-
sults show a strong dependency on ejection lip thickness and only
marginal changes when the lip shape is varied.

k ok ok

Keywords: rib array, heat transfer coefficients, discharge coefficients,
blade cooling, flow interaction, internal turbulators, cool-
ing design, slot, blowing ratio

1. INTRODUCTION

The development of gas turbine engines is determined by growing economical and
ecological requirements. Recent developments of gas turbines for aeropropulsion show
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Fig. 1. Cooling design of a high pressure turbine blade.

overall pressure ratios beyond 50 and turbine inlet temperatures in excess of 2000 K.
Sophisticated cooling schemes, therefore, play a pivotal role in the design process of
hot gas components like, e.g., combustor liners and high pressure turbines. The cool-
ing design has to bridge the gap between continuously increasing hot gas tempera-
tures and pressures (coolant temperatures) and the allowable material temperatures,
which increased marginally during recent years.

Trailing edge cooling, in particular, is subject to structural and aerodynamic con-
straints. Heat needs to be removed from a region of the airfoil, which should be as
thin as possible to minimize aerodynamic losses. Cutting back the pressure surface at
the trailing edge of an airfoil and forming a continuous ejection slot is a well estab-
lished technique to satisfy this requirement (see Fig. 1). The ejected cooling film acts
as an insulating layer to prevent hot gas from impinging onto the wall and serves at
the same time as a convective sink for the heat transferred to the suction surface and
conducted through the wall. To counteract the structural weakening by the ejection
slots, the opposing walls forming the trailing edge coolant passage are connected by
arrays of ribs or pins. Their purpose is not only to account for the airfoil’s structural
integrity, but also to act as turbulators to enhance the internal convective heat transfer
in the coolant passage.

Numerous studies on film cooling have been published in the past. Only few pub-
lications dealing with cooling ejection on a trailing edge pressure-side cutback exist.
The effects of the ejection lip thickness on the film cooling effectiveness, e.g., have
been experimentally investigated by Kacker et al. [1] and Sivasegaram et al. [2].
Two-dimensional slots without internal geometry were investigated at density ratios
close to unity. They found a significant influence of the ejection lip thickness. More
investigations on this subject were done by Taslim et al. [3]. Besides ejection angle,
slot width, and density ratio, they varied the slot lip thickness to height ratio between
0.5 and 1.25 and concluded that the film cooling effectiveness decreases as the lip
thickness is increased due to intensified vortex shedding effects at the ejection lip.
Numerical and experimental studies were done by Holloway et al. [4], who identified
unsteady vortex shedding from the ejection lip as the major driving mechanism for
the mixing of a coolant and hot gas.
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Martini et al. [5-7] performed various numerical and experimental studies on the
variation of internal cooling design including pin fin and rib arrays. An increasing
number of authors used numerical methods to visualize and analyze the mixing proc-
esses involved in film cooling. Martini et al. [8] and Joo and Durbin [9] apply hybrid
turbulence models in their numerical approaches, since the complex three-dimensional
mixing flow structure cannot be predicted reliably by conventional statistical methods
(RANS). To gain an indepth understanding of the coolant mixing processes, the pre-
sent study focuses on the interaction between internal geometry and the ejection lip.
It is to be observed, how the lip shape affects the mixing and how the findings can
be exploited in future designs.

2. EXPERIMENTAL SETUP

2.1 Test Facility

The experiments are conducted in an atmospheric open loop wind tunnel. A sche-
matic of the facility together with its characteristic data is given in Fig. 2. The test
rig is supplied with air by a radial compressor. The air is heated up in an electric
heater unit and passes mixers and flow straighteners before it enters the rectangular
test channel (105 mm X 220 mm) through a high contraction nozzle. By this, a ho-
mogeneous temperature and velocity field at the entrance of the test section are guar-
anteed. Upstream of the test section, a turbulence grid is inserted into the flow
channel to set a turbulence level of Tu = 7% at the slot exit. In order to establish a
new boundary layer with a well defined state and thickness at the ejection lip, part of
the main flow is bled off through the bottom wall. The bleed air bypasses the test
section and is fed back downstream of the test section.

The coolant air is supplied by a rotary screw compressor at ambient temperature.
Its maximum mass flow of approximately 50 g/s is sufficient to cover all operating
conditions. The coolant enters the test section through the bottom wall, where the tur-

electrical heater
Pel = 270 kW

nozzle

boundary
layer
bleed

test section
with integrated
T/E-model

main
compressor
T[max =1 5

M= 3 kals

coolant compressor
n=7
Mpna = 0.05 kg/s ool

Fig. 2. Trailing edge test facility.
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bulence level is increased by a grid. The coolant mass flow is measured upstream of
the test section by a hot film mass flow.

2.2 Test Section

The test section contains the generic model of a film-cooled high-pressure turbine
blade with a pressure-side cut back configuration. The scaled-up model represents the
trailing edge section of the airfoil with tangential slot ejection. A detailed drawing is
given in Fig. 3. The main flow enters the test section from the left side. A guiding
element separates the incoming boundary layer. The tip of the guiding element passes
over into a planar surface that represents the pressure side wall of the airfoil (LO-L2).
The linear slot for the cooling ejection is located 158 mm downstream of the leading
edge of the boundary layer bleed.

The coolant flow enters the test section from the bottom side. It is guided through
an arrangement of turbulators before being ejected onto the cut-back surface. The tur-
bulator section comprises two different regions with two rows of ribs. A convergent
region (L1) is followed by a channel with constant cross-sectional area containing a
second row of ribs (L2). Since the L2-ribs are shorter than the whole L2-region, a lip
overhang with the length of two slot heights remains to support the development of
a closed cooling film downstream of the ribs. The cooling air is ejected tangentially
onto the inclined test surface.

The L3-region, where the mixing of coolant and main flow takes place, is the pri-
mary object of this study. Therefore, a sapphire window is mounted in the top channel
wall opposite the L3 surface to provide optical access for the infrared measurement
technique applied. The test plates, where the thermographic measurements are taken,
consist of different materials, depending on whether a nearly adiabatic experiment or
a heat flux experiment is conducted. All other parts of the test section are made of

IR-
camera | sapphire
window
| T TETTTTN) V24

main internal
turbulator

test plate

N
! ) m& area of
boundary coolant Wrerce!
layer bleed supply

Fig. 3. Generic test section for trailing edge film cooling experiments with vary-
ing ejection lip geometry.
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Fig. 4. Geometry description (all dimensions in mm).

steel. The test section also offers very good accessibility from the lateral walls, allow-
ing for various measuring techniques like, e.g., laser optical diagnostics or schlieren
visualization.

The modular design of the test section permits an easy assembly of different cool-
ing configurations. The arrangement and shape of turbulators and ribs can easily be
varied. In the present study, a double in-line rib array is chosen as internal geometry.
A detailed description of the arrangement is given in Fig. 4. The thickness of the
ejection lip is varied from #H = 0.2 to #/H = 1.5. The shape of the ejection lip is
varied, as well. The rounded contours represent typical features of manufacturing
(Shape B) and wear (Shape C). The shape modifications are derived from the refer-
ence case (Shape A) with a lip thickness of #H = 1. Material was taken off to gen-
erate the rounded contours. Hence, these cases can be considered to have a nominal
lip thickness of #/H = 1, as well.

The measurements concentrate on the film-cooled surface in the near slot region
with a stream wise length of 15 times the slot height (L3). To determine the adi-
abatic film cooling effectiveness and the heat transfer coefficients two experiments
are conducted for each operating point with different thermal boundary conditions
along the L3-wall. This is done by using two different test plates with a wall thick-
ness of 30 mm each in order to maximize the accuracy of the wall heat flux meas-
urements (Bi = 1). One is made of polyetheretherketone (PEEK), a high temperature
resistant plastic material with a very low thermal conductivity of A = 0.25 W/(m-K).
This nearly adiabatic test plate extends approximately 60 mm into the coolant cavity.
The second test plate is used for experiments with an elevated wall heat flux. It is
made of a titanium alloy (TiAlgV4) and covers solely the L3-region. A solid copper
block is fixed to the bottom side of this test plate. The copper block is heated by
means of a controlled electric heater (1.5 kW). To ensure a uniform temperature dis-
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tribution at the lower surface of the test plate the thermal contact between copper
block and test plate is supported by a liquid metal heat-conductive paste (A= 40
W/(m:-K)). To reduce the step in surface temperature from the L2- to the L3-region,
the suction side equivalent wall upstream of the test plate is heated by heater foil
elements.

2.3 Operating Conditions

All experiments were conducted at constant main flow conditions. The hot gas
temperature was set to 500 K and the Reynolds number was defined as follows:
_ UpgPrgl U o (LOFL1HLD)

Re (1)
" Mg Mg

and set to Reye = 250,000. The corresponding main flow velocity was 57 m/s. The
relevant flow quantities of the main flow were measured by a thermocouple and a
traversable Pitot probe in the hot gas flow above the ejection slot (x = 0). Additional
flow field measurements revealed that the boundary layer thickness of the main flow
at the slot exit is approximately d9o/H =~ 1.6. The coolant flow was varied to cover a
wide range of the blowing ratio, which is defined as the ratio of mass fluxes of cool-
ant and main flow:

M = pcuc — rn:
phguhg '%phguhg

2)

A, represents the area of the mere coolant slot, without considering the throat be-
tween the ribs. The test matrix of each geometric configuration comprises eight
different blowing ratios ranging between 0.2 < M < 1.25 in steps of 0.15. Depend-
ing on the operating point the coolant temperature at the slot exit varies from 300 K
to 330 K, which results in engine-realistic density ratios ranging from p./pp, = 1.5
to 1.65.

2.4 Measuring Technique and Data Processing

The thermographic measurements are mainly performed with an infrared camera
(FLIR SC6000) that uses an InSb-type FPA detector. The spectral range of the detec-
tor is 3.0 to 5.0 microns and the dimensions and speed of the FPA is 640 x 512 at
30 frames per second. The camera is placed above the test channel and provides a
spatial resolution of the test surface of approximately 0.30 mm per pixel with the
used optical setup. Noise reduction is achieved by averaging 10 single frames at each
measurement. The radiance of the test plate is enhanced by using a special high-emis-
sive coating with a constant emissivity of € = 0.95 over a wide range of viewing an-
gles. The wall temperatures are derived by an in-situ calibration method, which
utilizes several thermocouples embedded into the test surface. The thermocouples are
spread over the surface in order to cover most of the temperature range on the test

854



surface. The response curve of the camera is determined in advance by an adequate
test setup. The raw signal is then fitted to the thermocouple readings. Further details
on the calibration technique are given in [10].

The local conductive heat flux distributions through the test surface are derived
from a numerical 3D heat flux calculation using a finite volume approach. The ther-
mographically gained surface temperature distributions serve as a boundary condition
on a three-dimensional model of the test plate. The bottom side boundary condition is
gained from an interpolation of the thermocouple readings at the lower test plate wall
and the lateral wall boundary conditions are considered as adiabatic. Heat transfer co-
efficients in convective flows are based on the convective heat flux. Hence, a small
deviation between the conductive heat flux from the simulation and the convective
heat flux caused by radiation with surrounding walls needs to be taken into account.
Since there is a considerable temperature difference between the mean test surface
temperature and the temperatures of the surrounding walls, radiation cannot be ne-
glected. In this study, this is accounted for by a three-dimensional surface-to-surface
radiation simulation including all channel walls of the test section. This approach uses
locally measured wall temperatures to obtain local ambient temperatures that are rele-
vant for a proper correction of the conductive heat flux.

Once the temperature and convective heat flux distributions on the test surface are
obtained, the local adiabatic film cooling effectiveness

_ Thg —Taw (3)
= ——
Thg —Tc

and the isoenergetic heat transfer coefficients

__ Yeonv
" (Taw —Tw)

can be derived. Both definitions are based on the local adiabatic wall temperature
T,w, which represents the local cooling film temperature and is a priori unknown. A
well-known method to obtain the unknown variables is the superposition approach of
film cooling [11, 12]. It utilizes the linear relationship between the wall heat flux and
the dimensionless wall temperature 6 in the case of constant flow conditions. A for-
mal derivation can be obtained by combining Eqs. (3) and (4), which leads to

“)

koW (1-77,,6) )
Thg —Tw
with
gthg—Te

All quantities in Eq. (5) except for i and n,, are measured within one experi-
ment. In order to obtain the values of these two variables, a second experiment needs
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Table 1.
Experimental uncertainties

Quantity Uncertainty
Main flow Reynolds number (Rep,) <2%
Blowing ratio (M) <3%
Discharge coefficient (CD) <4%
Film cooling effectiveness (Nay) <5%
Heat transfer coefficient (%) <12%

to be conducted at different thermal boundary conditions. The only chance to alter the
thermal boundary condition without changing the flow field is to alter the wall tem-
perature T, i.e., to enhance the wall heat flux. The two test plates described earlier
are used for the two experiments. One establishes nearly adiabatic conditions utilizing
a low conductive material, whereas the other one induces a heat flux from the wall
into the cooling film.

The discharge coefficient Cp is a dimensionless representation of the pressure
losses of a film cooling ejection. It is defined as follows:

CD — r.Tl:,reaI — — ri‘L,real - . (7)
m; RaL !
T () Al [pnjy_l
H pl,t (}/_ 1) ’ R'Tl,t P,

The ideal coolant mass flow in the denominator is derived from an isentropic ex-
pansion of the coolant from the stagnation pressure p;, which is measured by a pres-
sure tap in the coolant plenum directly upstream of the L1-region, to static pressure
p> in the hot gas channel. The value of p, is measured by means of a pressure tap
at midheight of the channel side wall at x = 0. Thus, p, depends only on the hot gas
flow conditions. Local aerodynamic effects of the cooling ejection and the geometry
variations have negligible influence on this pressure value.

The experimental uncertainties for the film cooling experiments are determined by
the method of [13]. The values are listed in Table 1.

3. RESULTS

3.1 Discharge Coefficients

The measured discharge coefficients are plotted versus blowing ratio M for differ-
ent ejection lip thicknesses (Fig. 5) and varying lip shape (Fig. 6), respectively. A
general trend towards higher discharge coefficients with increasing blowing ratio can
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Fig. 5. Discharge coefficients for varying lip thickness versus pressure ratio.
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Fig. 6. Discharge coefficients for varying lip shape versus pressure ratio.

be observed in both diagrams. A discharge coefficient of Cp = 0.8 is obtained for the
highest blowing ratio of M = 1.25. In case of the lip thickness variation a strong in-
fluence on the discharge coefficient is apparent. The level of discharge coefficients
increases as the lip thickness is increased. This behavior is much more pronounced
for lower blowing ratios, where differences between thickest and thinnest lip of up to
35% may occur. This can be explained by the local flow field immediately down-
stream of the ejection lip. The wake region grows with increasing lip thickness and
hence local pressure is reduced. Unlike the static pressure p, in the main flow, the
pressure inside the coolant cavity p;, decreases as well, which consequently leads to
higher Cp values. The lower the blowing ratio, the more the flow field approximates
a backward facing step flow, which increases this wake effect even more.

In contrast to that, the discharge coefficients for the various lip shapes show no
significant differences. All three configurations have the same pressure levels in the
wake region. There doesn’t seem to be any difference in the separation behavior de-
spite the varying guidance of the flow along the ejection lip.
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3.2 Adiabatic Film Cooling Effectiveness

Typical contour plots of local film cooling effectiveness downstream of the coolant
ejection are shown in Fig. 7 demonstrating the qualitative effect of the ribs on the
film cooling performance for two different lip thicknesses and three different blowing
ratios. In the wake region of the ribs the mixing of the cooling film is increased due
to higher turbulence levels within this region. Looking at the thin ejection lip (#H =
0.2) this leads to lower film cooling effectiveness downstream of the ribs compared
to the space in between the ribs. At an increased lip thickness (e.g., #/H = 1) an in-
verse effect can be observed at a blowing ratio of M = 0.8. Unsteady vortex shedding
from the blunt ejection lip causes a drop of film cooling effectiveness between the
ribs, whereas the wake region behind the ribs suppresses the vortex shedding and,
therefore, stabilizes the cooling film. Only at the highest blowing ratio and for a lip
thickness of #/H = 1 the wake region of the rib starts to dominate the mixing of the
cooling film again, whereas the space in between the ribs shows the highest film
cooling effectiveness.

For a more detailed discussion, the laterally averaged film cooling effectiveness
along test surface is shown in Fig. 8 for different blowing ratios. Starting at a film
cooling effectiveness of approximately unity, it begins to drop at x/H = 5. This is al-
most independent of the blowing ratio. Only the thin lip configurations retain a stable
cooling film for a longer distance at higher blowing ratios. The decay of the effec-
tiveness is smaller and the thinnest configuration still has a film cooling effectiveness
of Maw = 0.9 at x/H = 15, whereas the thickest configuration at the same location
causes a drop down to M,y = 0.55 at M = 0.8.

Since the decrease of the laterally averaged film cooling effectiveness occurs mo-
notonously along the streamwise distance, a good comparison of the qualitative be-

E—,‘l tH =1 (A) ",

051 M=035 h ’/
05 (/\/\

05 =080 '

Jo ) —c=
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‘g 0 p— —
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Fig. 7. Contours of local adiabatic film cooling effectiveness downstream of the
ejection slot at different blowing ratios for two different lip thicknesses.
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Fig. 8. Laterally averaged film cooling effectiveness for lip thickness variation.

havior can be obtained by plotting the laterally averaged values versus the measured
blowing ratios at one representative streamwise position (see Fig. 9). This diagram re-
veals the strong influence of the ejection lip thickness on the cooling performance. In
the case of the reference configuration (#/H = 1) the film cooling effectiveness in-
creases with higher amount of cooling air. But this is only true for low blowing ra-
tios. For blowing ratios of 0.65 < M < 0.95 the cooling effectiveness decreases. The
film cooling effectiveness recovers again for blowing ratios above M = 0.95. This be-
havior was already observed in [7] and can be attributed to the intensification of the
vortex shedding at the ejection lip in this operating range. The effect is not visible in
thin lipped geometries (#H = 0.2; 0.5). These cases show monotonously increasing
cooling performance with increasing blowing ratio over the whole measured range.
The vortex-shedding phenomenon seems to play an inferior role in these configura-
tions. Even at downstream position of x/H = 10 the thin lip configurations show an
almost intact cooling film with an effectiveness well above mM,, = 0.9.

1
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Fig. 9. Laterally averaged film cooling effectiveness for lip thickness variation
vs. blowing ratio at x/H = 10.
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Fig. 10. Laterally averaged film cooling effectiveness for lip shape variation vs.
blowing ratio at x/H = 10.

The test cases for the varied lip shape are discussed only briefly here, for the de-
viations from the reference case (#/H = 1 (A)) are only very marginal. However, an
example of the results for these geometry variations is given in Fig. 10, where the
laterally averaged film cooling effectiveness is plotted with the blowing ratio at x/H
= 10. Except for the highest blowing ratio all three configurations show almost per-
fectly matching results, which are well within the precision range of the measurement
technique. Hence, no significant effect of the lip shape can be observed. Only at
M = 1.25 the reference case (A) shows the highest film cooling effectiveness fol-
lowed by the fully rounded profile (C). The maximum difference between the inves-
tigated cases is approximately 13% at the highest blowing ratio. To conclude any
physical effects for this blowing ratio might be hasty, since any possible effect is rep-
resented only by one operating point. Further investigations with higher blowing ra-
tios are advisable to gain a deeper understanding of the effects occurring here.

3.3 Heat Transfer

The heat transfer coefficients shown in this section are normalized by a heat trans-
fer correlation for a turbulent boundary layer flow on a flat plate according to [14]:

hy = 0.0287 -Pro*-Re$2 p; - Gy Ung: (8)

The hot gas Reynolds number Reyg, is formed with the distance from the ejection
slot. Figure 11 shows the local normalized heat transfer distributions for some repre-
sentative cases. At first sight, a noticeable low level of heat transfer is visible in the
near-slot region between the ribs. According to [7], this can be attributed to two ef-
fects. First, a separation bubble forms directly downstream of the slot, where the flow
between the ribs behaves very similar to a 2D slot ejection. The second reason is the
strong acceleration of the coolant in the convergent part of the coolant cavity and the
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Fig. 11. Contours of local normalized heat transfer coefficient distributions at
different blowing ratios for two different ejection lip thicknesses.

throat between the ribs. The strong acceleration causes a reduction of turbulence and
might even lead to relaminarization of the coolant flow. This assumption is supported
by internal heat transfer measurements that revealed relatively low internal heat trans-
fer coefficients for this geometry, which can be expected to extend into the L3-re-
gion.

For low blowing ratios only small lateral differences are visible, which are local-
ized in the immediate vicinity of the ejection lip. At a downstream distance of ap-
proximately three times the slot height, the lateral distribution becomes uniform. The
very low momentum of the coolant leads to a flow field, which is very similar to a
backward facing step flow. Downstream of the point, where reattachment would be
expected (x/H = 3), a rapid increase in the heat transfer can be observed. The thicker
ejection lip produces more turbulence, which results in a higher level of heat transfer
farther downstream. The heat transfer along the L3-surface is mainly driven by the
hot gas flow.

With an increasing blowing ratio (M = 0.8), the two compared configurations show
completely different characteristics. In the case of the thin ejection lip the lateral dis-
tribution is very nonuniform. Reduced heat transfer is present in the regions between
the ribs, whereas significantly increased heat transfer is found in the rib’s wake re-
gion. The configuration with a thicker ejection lip (#H = 1) shows a completely dif-
ferent behavior as it could already be observed with the film cooling effectiveness.
The distribution in the rib’s wake region is somewhat comparable to the thin-lipped
geometry, whereas the region between the ribs is, again, strongly influenced by the
unsteady vortex shedding from the ejection lip. This causes an increase of heat trans-
fer coefficients between the ribs, especially in the vicinity of the slot at x/H = 3,
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Fig. 12. Laterally averaged normalized heat transfer coefficients for lip thickness
variation.

where the impact of the vortices on the L3-surface is strong. At the highest blowing
ratio (M = 1.25) the wake flow of the ribs becomes dominant as can be seen from
the local heat transfer coefficients of both, the thin lip geometry and the thick lip ge-
ometry.

The corresponding laterally averaged values of the heat transfer coefficients are
shown in Fig. 12. There is a general trend towards higher heat transfer coefficients
with increasing lip thickness. At M = 0.2, the lip thickness seems to significantly af-
fect the heat transfer. In this case, the heat transfer coefficients increase from very
low values near the ejection lip to values of hyhy = 1.5 further downstream for the
thickest lip geometry. In the wake region close to the ejection lip, the low momentum
of the coolant results in low heat transfer coefficients. In analogy to a backward-fac-
ing step, the hot gas flow is directed towards the L3-surface and, therefore, strongly
increases the heat flux by distinct impingement. The result is a mixing region domi-
nated by the hot gas flow with high heat transfer coefficients. The thicker the ejec-
tion lip, the stronger the impact on the heat transfer coefficients. At M = 0.8, where
the most intensive vortex shedding was observed, the laterally averaged heat transfer
coefficients show only small differences between the different lip thicknesses, except
for the thinnest lip case. The effect of vortex shedding impact on the wall is marginal
at this operating point. This results in a gradual rise of the heat transfer coefficients
along the L3-region for #/H = 0.2. The difference diminishes further downstream,
where the wall flow is more and more influenced by the hot gas.

At the highest blowing ratio of M = 1.25 the differences between the configura-
tions is reduced. The overall level of heat transfer is increased compared to M = 0.8,
which can be ascribed to the high velocity of the coolant ejected. The momentum of
the coolant flow is approximately 2.5 times higher than the momentum of the main
flow. This wall jet results in a reduced boundary layer thickness along the wall and,
therefore, increased heat transfer compared to the lower blowing ratios.
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Fig. 13. Laterally averaged normalized heat transfer coefficients for lip shape
variation.

The comparison of the lip shape variation cases reveals, again, no significant dif-
ferences, as can be seen in Fig. 13. The general trends of the heat transfer coeffi-
cients with an increasing surface distance are the same as shown and discussed in the
previous paragraph for various lip thicknesses.

4. CONCLUSIONS

Experimental data on the variation of the ejection lip thickness and shape of a
trailing edge have been presented. In summary, it can be stated that the cooling per-
formance is predominantly determined by the blowing ratio. Moreover, the variation
of the ejection lip thickness has a pronounced effect on the mixing process of the
cooling film, as well as on the discharge coefficients. Heat transfer, however, is only
moderately affected by the various geometric modifications, with a tendency towards
increased heat transfer coefficients with thicker lips. In the case of a trailing edge
film cooling application, where the purpose of the cooling film is to remove heat
from the suction surface, higher heat transfer coefficients would be appreciated.

The variation of the ejection lip shape has no noticeable effects on the discharge
coefficients. In terms of cooling performance it can be the concluded that the inves-
tigated variations of the ejection lip shape have a negligible effect on both, the film
cooling effectiveness and the heat transfer coefficients. Thus, design imperfections or
deviations that may result from manufacturing or wear, as they were generically in-
vestigated in this study, can be considered to be irrelevant for the cooling perform-
ance of the investigated configuration with internal ribs.
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NOMENCLATURE
b, rib width, mm
Cp discharge coefficient
h¢ isoenergetic heat transfer coefficient, W/(m-K)
H slot height, mm
L characteristic length
M blowing ratio
Dy total pressure in the coolant cavity, Pa
D2 static pressure at slot exit, Pa
Py electric power, W
s pitch, mm
t ejection lip thickness, mm
Tu turbulence intensity
Greek symbols
d99 boundary layer thickness, mm
€ emissivity
MNaw adiabatic film cooling effectiveness
0 dimensionless wall temperature
T pressure ratio
Subscripts
0 reference case
ad adiabatic
c coolant
conv convective
hg hot gas
max maximum
0 overhang
rl rib in the L1-region
2 rib in the L2-region
t total value
W wall
X in stream wise direction.
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The present study is part of a comprehensive heat transfer analysis
on a highly loaded turbine blade and endwall with varying surface
roughness. In this paper, a smooth airfoil with an endwall of varying
surface roughness is considered in order to investigate secondary flow
and surface roughness effects on airfoil and endwall heat transfer. The
measurements have been conducted in a linear cascade with low pres-
sure blades at several freestream turbulence levels (Tu; = 1.4% to
10.1%) and varying inlet Reynolds numbers (Re;. = 50,000 to
250,000). Aerodynamic measurements have been carried out on the
airfoil at midspan and complemented by oil paint visualization on air-
foil and platform. Heat transfer on both the full-span suction and
pressure surfaces of the airfoil and endwall is shown for smooth sur-
faces. Moreover, rough endwall surfaces are compared to the smooth
reference case showing a maximum increase of local heat transfer of
up to 240% due to surface roughness.
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Keywords: turbine airfoil, platform, horseshoe vortex, turbulence, sur-
face roughness

1. INTRODUCTION

In modern gas turbines high thermodynamic efficiency is reached by increasing
turbine inlet temperature, which is far beyond the material’s melting point and, thus,
requires sophisticated cooling concepts. In order to predict the lifetime of turbine
components under such severe operating conditions and to optimize the cooling, an
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exact knowledge of surface heat transfer in the turbine is necessary. Heat transfer is
affected by various factors, like pressure distribution, wakes, surface curvature, frees-
tream turbulence, secondary flow effects, and surface roughness. In contrast to the
first five factors the surface roughness is not constant during the lifetime of gas tur-
bines but changes due to erosion, corrosion or particle deposition.

Extensive investigation of heat transfer at midspan of airfoils has been made by
Schulz [1] and Dullenkopf et al. [2], who observed a strong influence of freestream
turbulence on heat transfer especially on the onset of laminar—turbulent transition on
the suction side. Moreover, they showed that heat transfer is increased by freestream
turbulence in highly accelerated laminar boundary layers appearing at the suction side
leading edge and on the pressure side. These experimental results were part of the
database used by Mayle [3] who developed a correlation for the onset of laminar—tur-
bulent transition, as well as a model accounting for the influence of freestream turbu-
lence on accelerated laminar boundary layer heat transfer [4, 5]. Schiele et al. [6]
numerically designed a turbine airfoil with minimum overall external heat transfer and
confirmed the strong influence of freestream turbulence on laminar—turbulent transi-
tion by additional measurements. Bons and McClain [7] show flat plate heat transfer
measurements of real turbine roughness. Stripf et al. [8] systematically investigated
surface roughness effects on midspan heat transfer which led to a further correlation
describing the strong effect of surface roughness on laminar-turbulent transition and
turbulent boundary layer heat transfer on rough surfaces [9].

Since in modern gas turbines the endwall region becomes more and more ther-
mally loaded, an increasing focus lies on airfoil heat transfer in the close vicinity of
the endwall and on the endwall itself, where secondary flows dominate the heat trans-
fer behavior. A comprehensive review of early investigations of those until 1985 is
given by Sieverding [10]. A continuation of this work including more recent findings
can be found in [11]. Detailed aerodynamic measurements in a linear turbine blade
cascade have been performed by Langston et al. [12]. Figure 1 shows the summary
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Fig. 1. Vortex pattern of Wang et al. [13].
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of the three dimensional vortex system given by Wang et al. [13]. Chen and Gold-
stein [14] and Goldstein et al. [15] used the analogy between heat and mass transfer
performing measurements using the naphthalene sublimation technique, which gave a
high-resolution picture of convective transport on the surface of a turbine blade. The
measurements revealed a remarkable heat transfer augmentation due to secondary
flows on the suction side, which was attributed to four major vortices: the suction
side horseshoe vortex Vg, the passage vortex V), a suction side corner vortex Vi,
and a new vortex Vi, which is induced by the passage vortex. Detailed external heat
transfer measurements on a smooth turbine blade and endwall by Graziani et al. [16]
using thermocouples show strong secondary flow effects on airfoil and endwall heat
transfer and a strong influence of platform boundary layer thickness. Blair [17] inves-
tigates airfoil and platform heat transfer for a smooth reference case in comparison to
a roughened surface and reports an increase in heat transfer of up to 40% due to sur-
face roughness. Further work by Stripf et al. [18] systematically examines different
surface roughness and its effect on heat transfer on an airfoil close to the endwall.

The present experimental study is part of a comprehensive heat transfer analysis on
a highly loaded low-pressure turbine blade and platform with varying roughness.
Whereas a first publication [19] concentrated on midspan heat transfer of a smooth
airfoil, in this paper the full-span heat transfer distribution on the blade and on its
platform will be analyzed. Measurements are conducted at varying freestream turbu-
lence and different inlet Reynolds numbers. Furthermore, a variation of platform sur-
face roughness and its effect on external heat transfer will be shown.

2. EXPERIMENTAL SETUP AND MEASURING TECHNIQUE

2.1 Test Facility

The measurements are conducted on a highly loaded linear turbine cascade in a hot
wind tunnel as shown in Fig. 2. The compressed air is heated up to 350 K by an
electric heater. After passing a settling chamber and a honeycomb flow straightener,
the air is guided through a nozzle into the test section with a rectangular cross sec-
tion (100-mm wide and 250-mm high).

compressor electric heater exhaust
n,.=15 (270 kW) chimney
m,, =3 kgls g ?
= tailboards
settling = w o
chamber 5 M9ZZ€ . .

L
£

) = turbulence linear :
%honeycomb - grid  cascade:

straightener test section

bypass

Y

Fig. 2. Schematic view of the test facility.

869



side walls

blade 2:

with -
mssulelm | p

bleed
blade 3:

waler cooled

« blade and platform

instrumented with
thermocouples

blade 4: | \
004 LN

pressure taps

“~ midspan

Fig. 3. Test facility (left) and cascade with instrumented airfoils (right).

The cascade consists of five untwisted turbine blades of which the inner three
blades are instrumented as indicated in Fig. 3. Blades 2 and 4 are equipped with
pressure taps for measuring the pressure distribution. These pressure taps are stag-
gered in a band of £10 mm around midspan in such a manner that a possible effect
of one pressure tap on the boundary layer flow does not influence the measurement
on a pressure tap further downstream on the airfoil. Blade 3 consists of a water
cooled blade and platform and is instrumented for heat transfer measurements.

The upper and the lower boundaries of the test section are contoured according to
streamlines and lead to adjustable tailboards which ensure a periodic flow through the
cascade. In order to tune the tailboards and assure periodicity the pressure distribu-
tions on blades 2 and 4 at midspan are measured and matched.

Two different turbulence grids with rectangular bars can be placed at two locations
either 345 mm (Position 1) or 205 mm (Position II) upstream of the leading edge of
blade 3 in order to generate different freestream turbulence levels. Thus, the turbu-
lence intensity at the cascade inlet plane Tu; can be varied from 1.4 % (without grid)
to 10.1%. The turbulence intensity is measured at eleven locations downstream of
each grid by means of hot wire constant temperature anemometry, and the turbulent
dissipation length scale L. is determined from the decay of turbulence using simpli-
fied k—e transport equations according to [18, 20]. The values of Tu; and L. at the
cascade entry summarized in Table 1 are found to be fairly constant for varying inlet
Reynolds numbers Re; .. Furthermore, the turbulent dissipation length scale deter-
mined in this manner matches very well additional measurements of the turbulent
power spectrum that are conducted downstream of the turbulence grids and represent
the basis for the turbulent length scale data with no grid installed. Since the turbu-
lence decay is negligibly small in this case, determination of L.; is not possible in
the above-described manner.

The wall upstream of the platform of blade 3 is thermally insulated from the envi-
ronment and can be considered as adiabatic. The cooled platform is also insulated
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Table 1.
Test parameters

Rei, Tui Le 1,
10° % mm
0.5
1.0

- - 1.5 14 37

2.0
2.5
0.5
1.0
1 1I 1.5 4.2 7.8
2.0
2.5
0.5
1.0
2 I 1.5 7.0 22.4
2.0
2.5
0.5
1.0

2 I 1.5 10.1 16.5

2.0

2.5

Grid Position

from the surrounding hot walls. The aerodynamic boundary layer developing on the
side wall has been measured at the starting point of the thermal boundary layer at
xlcyx = —0.38 (see, e.g., Fig. 6 for coordinate system) by means of hot wire constant
temperature anemometry. In all cases given in Table 1 the aerodynamic boundary
layer was turbulent and its displacement thickness &, varied in a range from 0.3 to
1.1 mm depending on inlet Reynolds number and turbulence grid configuration. In
order to investigate the influence of boundary layer thickness on platform heat trans-
fer, a boundary layer bleed is integrated into the adiabatic wall upstream of the
cooled platform.

2.2 Heat Transfer Measurement Technique

For the heat transfer measurements smooth or rough metal foils are glued on the
surface of an instrumented airfoil using a highly heat conductive adhesive and a vac-
uum bagging technique formerly described in [8] providing a good reproducibility of
the bonding procedure. Thus, heat transfer can be measured for both smooth and
rough surfaces.
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Fig. 4. Water-cooled blade and platform for heat transfer measurements.

The heat transfer measuring airfoil and its platform (Fig. 4) are made of titanium
alloy (TiAlgV4) with thermal conductivity of k = 7.0 W/(m-K). The airfoil is convec-
tively water-cooled by 8 cylindrical cooling channels, which results in an average air-
foil surface temperature of 289-326 K depending on the heat transfer level.
Furthermore, heat flux on the airfoil’s platform can also be induced by a water-
cooled copper device that is in direct contact to the platform’s backside, leading to a
surface temperature between 295 and 337 K. The temperature distribution all over the
airfoil, as well as on the platform, is measured by 134 thermocouples, with a diame-
ter of 0.25 mm, embedded in grooves on the surface. The midspan of the blade is
equipped with 35 thermocouples providing a very good spatial resolution. Figures 5
and 6 show the thermocouples’ location on the blade and platform, assuming a sym-
metric distribution of heat transfer on the blade and periodic heat transfer on the plat-
form. The airfoil material was selected as a result of a one-dimensional error analysis
following the method of Kline and McClintock [21] and described in detail by Stripf
[22] taking into account the uncertainties of the materials’ thermal conductivities, the

* thermocouple location
[ Z o i
.83 E ,g‘ measuring area
“5, symmetric 2 heat transfer ﬂr_';
£ 5 £
= 1B o g
ﬁ 05]* s sssssssssssemtsssssssssassnsssnnse o dspan
ejs & o & & s 8 =
. . . . - -
sS4 s o o e+ s s e e e
.
1= . . . 1" * s = 2 = e e
* o s s . e8s 8 s 8 3 8 8 8 8 s
T T latform
S, -5 0 0 T P
Pressure Side s/ (-) Suction Side

Fig. 5. Thermocouple locations on the blade.

872



24 + thermocouple location
measuring area
151 =
L
'?}"?0-, 1 6‘. * -
i b ({?f .
o oy .
O w -‘}omc he@t@' e
£ 05 . .
:h‘ - L - r
R . L ol ..
- 2 =
o et o .
- F
.
.
0 n ¢
-0, o,
051 Tiogic heat
0 05 1

x/c,, ()

Fig. 6. Thermocouple locations on the platform.

thermal transmittance of the adhesive joint, the positioning of the thermocouples, the
heat transfer coefficients in the cooling channels, and the temperature measurement.
Thus, errors for the heat transfer coefficients were estimated below 10% for most of
the blade and platform surface and up to 15% on the airfoil near the leading and the
trailing edge, where the distance between the thermocouples and the cooling channels
is relatively small and positioning uncertainties have a noticeable effect.

For determining heat transfer coefficients the method described by Turner [23] and
Wittig et al. [24] is used, which was adapted by Stripf et al. [8] in order to account
for the thermocouple grooves, adhesive joint, and metal foil. For each cooling channel
the water temperature at the inlet and the outlet, as well as the coolant mass flow are
measured. With a correlation for a turbulent flow in pipes the heat transfer coefficient
in the cooling channels can be determined using the mass flow and the water tem-
perature that is linearly interpolated between inlet and outlet values. As the platform
is in direct contact with the water-cooled copper device, the temperature on its back-
side is extremely homogenous (due to the high thermal conductivity of copper) and
can be measured with only 6 additional thermocouples. The temperature distribution
around the airfoil and the platform underneath the metal foil and adhesive joint is
measured by 134 thermocouples, and the total gas temperature at the cascade inlet is
determined using a thermocouple in a Pitot probe.

As the temperature distribution is not measured directly on the surface but under-
neath the metal foil, the following iterative procedure is taken to determine the heat
transfer distribution /A(s, z) on the airfoil and A(x, y) on the platform, respectively:

1. A starting heat transfer distribution 4 has to be given on the outer surface, e.g.,
a constant value.

2. With a finite element method the equation for heat conduction is solved within
the airfoil and the platform. The estimated heat transfer distribution # in com-
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Fig. 7. Finite element mesh.

bination with the total temperature of the hot gas T ; is used as boundary con-
dition on the outer surface of the blade. In the cooling channels the mean
water temperature together with the coolant heat transfer coefficients is taken
as boundary condition, whereas the measured, uniform temperature is known on
the backside of the platform. It is sufficient to model only half of the airfoil
since the flow field and the heat transfer distribution in the midspan region is
two-dimensional and, hence, the heat flux normal to the midspan plane can be
neglected. Additional measurements show no influence of the platform cooling
on the midspan temperature distribution. Thus, the midspan plane is taken as
symmetry plane. For simplicity Fig. 7 only shows the airfoil part of the finite
element model. The platform is modeled accordingly assuming periodic heat
transfer. Not only the airfoil and platform material but also the thermocouples
and the metal foil including the adhesive joint are resolved by the finite ele-
ment mesh.

The temperatures measured at all thermocouple locations are compared to the
values calculated in step 2. If they differ, the heat transfer distribution % is ad-
justed appropriately.

If the difference between measured and calculated values in step 3 is not suf-
ficiently small, a new temperature field is calculated in step 2 using the ad-
justed heat transfer distribution. Otherwise the iteration is stopped. Usually, a
converged solution is reached after 10 to 15 iterations.

2.3 Surface Roughness

The rough metal foils glued on the platform are produced in a photolithographic
process formerly described by Stripf et al. [25] copying a pattern of a mask on a
metal foil coated with photoresist. The roughness element base diameter d and the
distances #; and t, are determined in this first step. Figure 8 shows the geometry of
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Fig. 8. Surface roughness (left: schematic drawing, right: perthometer scan).

the deterministic surface roughness investigated. The following wet etching process
creates the three-dimensional structure seen in Fig. 8, resulting in truncated cones.
The roughness element height k is controlled by the etching time. Besides the rough
metal foil, a smooth one is investigated, too, serving as a reference. For fully rough
surfaces Waigh and Kind [26] give a correlation to characterize the aerodynamic ef-
fects of regular three-dimensional roughness in terms of the equivalent sand grain
roughness keq. Defining the roughness density parameter Ag they distinguish between
a dense regime with closely packed roughness elements and a sparse regime with
sparely distributed roughness elements. Hereby, surfaces with roughness density pa-
rameters of Ag = 6 result in maximum equivalent sand grain roughness. Such sur-
faces have been chosen to investigate the effect on heat transfer in this work. Table 2
gives an overview of the roughness geometry and further surface roughness parame-
ters such as the surface increase AA/Ag, the meltdown height 4, as well as the arith-
metic average roughness height R,. As the experiments have been conducted with a
geometrically scaled airfoil, the roughness parameters describing the roughness height
must always be considered in comparison to the airfoil size, e.g., the chord length c.
The relative roughness height k/c of the investigated rough surfaces lies between val-
ues of 0.54-107 for r40 and 1.23-10~ for r80. The thermal conductivity of the rough-
ness elements depends on the choice of the foil material and is k£ = 33 W/(m-K).

Table 2.
Surface roughness parameters
Roughness k, d, 1, 1, AR, kseqs  AA/As,  hm, Ra, k/c,
type um Hm um Hm -) Hm % Hm um 107
smooth hydraulically smooth
40 35 100 110 110 5.2 119 17.9 6.7 9.5 0.54
r80 80 200 220 220 5.7 289 19.5 14.1 20.0 1.23
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3. EXPERIMENTAL RESULTS

Before showing airfoil and platform heat transfer data some aerodynamic charac-
teristics of the airfoil have to be discussed. Figure 9 reveals the Mach number distri-
bution of the airfoil at midspan, which is obtained from surface pressure measurements
as follows:

Ly

2 | P97
M= |—||——| -1 1
r-1 ( Poa ] %

with pg,(s) representing the local static pressures measured by pressure taps and pg
as total inlet pressure. As can be clearly seen, the Mach number distribution of blades
2 and 4 match very well showing an excellent periodicity of the flow through the
cascade. On the pressure side the flow is strongly decelerated from 10% to about
30% to 40% of the chord depending on the inlet Reynolds number Re; ., which re-
sults in negative acceleration parameters:

v du,,

K=——0 . 2
a0 )

In this region, boundary layer separation can be expected. Further downstream,
there follows a region of high acceleration with K exceeding the minimum value for
relaminarization (K = 3.0-10_6, according to [27]. On the suction side the flow is
slightly decelerated at 10% chord before reaching its maximum velocity at about 70%
of the chord. Towards the trailing edge a large separation bubble appears for low
inlet Reynolds numbers as can be clearly seen in the acceleration parameter distribu-
tion in Fig. 9.

However, the separation bubble is still present for relatively high inlet Reynolds
numbers at low turbulence intensity as shown by oil paint visualizations in Fig. 10.

+ Re, =250000 Blade 4 4 Blade? | —n—Re, = 50 000
061 ¥ Re =200000 404 —e—Re, =100 000
] 4 Re, 2150000 FN —a—Re, = 150 000
05 ® Re, =100000 \ —v—Re, = 200 000
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043 z _.‘ 5
- \\ / - 5 | K=3x10
P ®
= ‘3-‘1)\\ . ¥
AN | ~ -
024 Y —of
)\\\\\‘;\\w— w4_
] ——
o014 ‘\.,&-4__ _rr._n.u.ﬂ'blm-n.ﬂl |
Ta —~o— 027 oo
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Fig. 9. Mach number distribution and acceleration parameter at Tu; = 1.4%.
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Fig. 10. Oil paint visualization on airfoil at different turbulence intensities.

External heat transfer for both airfoil and endwall is shown in terms of Nusselt
number distributions. The Nusselt number is determined using the local heat transfer
coefficient h, the airfoil chord length ¢, and a constant thermal conductivity for air
k = 0.03 W/(m-K) as indicated by Eq. (3). The heat transfer coefficient i refers to
the temperature difference between total inlet temperature 7y ; and wall temperature T,:

=h-c= d c 3
kK T,-T,k @)

Nu

3.1 Airfoil Heat Transfer

As can be observed in Fig. 11, the inlet Reynolds number has a major influence
on the level of heat transfer. Furthermore, turbulence intensity has a large impact on
heat transfer in the stagnation point, on the pressure side as well as on the suction
side of the airfoil. Heat transfer on the pressure side is mainly affected by turbulence
intensity at about 10% of the chord where boundary layer separation takes place and
reattachment follows much sooner at high turbulence levels. Moreover, a strong influ-
ence of freestream turbulence on stagnation point heat transfer can be observed lead-
ing to an augmentation in heat transfer for increasing turbulence intensity. As Fig. 11
reveals, only at high Reynolds numbers suction side heat transfer is affected by frees-
tream turbulence: For low turbulence levels a laminar boundary layer develops down-
stream of the stagnation point until boundary layer separation takes place at 90% of
the chord followed by turbulent reattachment connected with increased (turbulent)
heat transfer downstream of the separation bubble. For high turbulence levels bound-
ary layer transition takes place upstream of the potential separation region leading to
transitional boundary layers (with increased heat transfer) and resulting in smaller
separation bubbles or a complete suppression of those (see Fig. 10). A detailed dis-
cussion on heat transfer at midspan is given in [19].
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Fig. 11. Heat transfer distribution for a smooth blade at midspan at varying
Reynolds number and freestream turbulence.

878



Re, =250 000, Tu=1.4% smooth Re, =250 000, Tu.=10.1% smooth

.5 0.5 0.5 0.5
Pressure Side s/t (-) Suction Side Pressure side sk (-) Suction Side

Fig. 12. Full-span heat transfer distribution for a smooth blade at different
freestream turbulence.

Figure 12 additionally reveals the influence of secondary flow effects on airfoil
heat transfer near the platform. Whereas secondary flow hardly affects heat transfer
on the pressure side, the effects of the passage vortex moving on the suction side
from the platform towards midspan can be clearly seen. The passage vortex also
leads to a deflection of the suction side horseshoe vortex into the same direction
causing locally increased heat transfer near the endwall (compare Fig. 1 and Fig. 11).

3.1 Endwall Heat Transfer

In contrast to airfoil heat transfer the Nusselt number distribution on the endwall
does not depend as strongly on the level of freestream turbulence (see Fig. 13). In
the measuring setup an adiabatic wall upstream of the cooled platform is provided en-
suring a well defined start of the thermal boundary layer at the left boundary of the

2{ Re,,= 250 000, Tu,= 1.4% 24 Re, =250 000, Tu= 10.1%

Fig. 13. Heat transfer distribution for a smooth platform at different freestream
turbulence.
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Fig. 14. Oil paint visualization on platform at different turbulence intensities.

endwall at x/c,x = —0.38. This leads to a comparably high heat transfer in this region
(compare with [28]). Mainly it can be observed that heat transfer increases as the
flow accelerates from the left to the right because of the decreasing cross section
through the passage. Regarding oil paint visualizations on the platform in Fig. 14
(dark color represents areas with high wall shear stress, bright color those with lower
one), and comparing them to heat transfer measurements in Fig. 13, it may be ob-
served that heat transfer and aerodynamics show a partly analogous behavior. Wall
shear stress and heat transfer show a similar behavior in the outflow region (for
xlc,x > 1), where both are considerably higher than in the inflow region due to in-
creased free stream velocity. Furthermore, locally increased heat transfer can be ob-
served near the leading edge where both legs of the horseshoe vortex system cause
rapid transport of fluid perpendicular to the platform. However, compared to oil paint
visualization heat transfer is relatively low for 0 < x/c,x < 1 near the airfoil’s pres-
sure side, though in this area wall shear stress seems to be quite elevated. This phe-
nomenon can be explained by the fact that cooled fluid from the airfoil’s pressure
side is moving on the platform perpendicular to the main passage flow towards the
suction side of the neighboring airfoil. Thus, the local adiabatic wall temperature is
decreased in this area leading to a lower wall heat flux.

In Fig. 15 it can be seen that endwall heat transfer is highly affected by surface
roughness. Even if the roughness consisting of truncated cones is equally distributed
over the platform, its effect on heat transfer is quite nonuniform. Besides a tendency
to higher local Nusselt numbers due to surface roughness it can be seen that the
roughness induced heat transfer augmentation is largest near the airfoil reaching a
maximum increase of about 240%.

In order to quantitatively compare platform heat transfer on smooth and rough plat-
forms at various inlet Reynolds numbers and different freestream turbulence, Fig. 16
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Fig. 15. Platform heat transfer augmentation due to surface roughness at differ-
ent surface roughness and freestream turbulence.

shows the laterally averaged heat transfer. It may be observed that heat transfer level
for smooth surfaces increases with higher Reynolds numbers but does not depend
much on freestream turbulence. For small Reynolds numbers the surface roughness
has no noticeable effect on heat transfer. However, at increasing Reynolds numbers
heat transfer is elevated in the (turbulent) boundary layer of this highly three-dimen-
sional flow. It also can be seen that the highest Nusselt number augmentation takes
place in the outflow region, after the flow through the blade cascade has been accel-
erated. Moreover, it can be observed that the critical Reynolds number above which
roughness affects heat transfer, depends obviously on the roughness height. The maxi-
mum augmentation in laterally averaged Nusselt number appears for the highest inlet
Reynolds number at the largest surface roughness height and is about 110% at
xlcg = 0.8.

Figure 17 illustrates the laterally averaged heat transfer increase due to the surface
roughness for a variety of operating conditions (varying turbulence intensity and inlet
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Fig. 16. Laterally averaged platform heat transfer at varying Reynolds number
and freestream turbulence for different surface roughness.
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Fig. 17. Increase in laterally averaged platform heat transfer at varying Reynolds
number and freestream turbulence for different surface roughness.

Reynolds number) at two locations, the cascade inlet plane (x/c,x = 0) and at the lo-
cation of maximum heat transfer increase (x/c,x = 0.8). Whereas roughness does not
affect heat transfer significantly for low inlet Reynolds numbers, heat transfer aug-
mentation rises for increasing Reynolds numbers. At x/c,x = 0.8, where the complex
vortex system dominates the flow and, in addition, local freestream velocity is much
higher, this dependency is much more distinct than in the inlet plane. Moreover, at
xlcyx = 0.8 a saturation in heat transfer augmentation can be observed: Above a dis-
tinct critical Reynolds number (which seems to depend on the roughness height) the
increase in the Nusselt number only depends on the roughness height and no longer on
the Reynolds number. This leads to the presumption that for the flow at x/c,x = 0.8
the surface is fully rough whereas it is not for x/c,, = 0. A further increase in the
inlet Reynolds number should then lead mostly to an increase in heat transfer around
the area of the cascade inlet where the local freestream velocity and respectively the
Reynolds numbers are rather moderate.

A further issue that can be observed in Fig. 17 is that turbulence intensity plays an
increasingly important role with a rising Reynolds number. There seems to be a ten-
dency to lower heat transfer augmentation for increasing freestream turbulence. How-
ever, a definite dependency is not visible, which indicates a further influencing
parameter. A slightly varying inlet boundary layer thickness at varying turbulence in-
tensity (in different turbulence grid configurations), which is known to have an im-
pact on secondary flow [16], may be a reason for the scatter observed. However,
compared to the roughness-induced heat transfer increase, these effects are small.

In order to investigate the influence of boundary layer thickness on platform heat
transfer, additional measurements at varying platform boundary layer thickness have
been performed. Figure 18 reveals that thin aerodynamic boundary layers lead to
slightly decreased heat transfer in the inflow and outflow areas (for x/c,x < 0 and
x/cax > 1), while heat transfer increases at 0 < x/c,x < 1 for thin boundary layers. The
decreased heat transfer for thin boundary layers in the inflow arises from the smaller
aerodynamic boundary layer thickness, which also can be considered as a decreased
uncooled starting length of the boundary layer. Kays and Crawford [27] show that
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Fig. 18. Comparison of platform heat transfer at different inlet boundary layers
(1thin BL = 0.3 mm, &y pick gL = 1.0 mm).

flat plate heat transfer in the region of a starting thermal boundary layer strongly de-
pends on the unheated (or uncooled) starting length. However, the deviation in the
heat transfer distribution is below 40% and, considering roughness effects, of minor
importance.

Furthermore, a comparison of measurements on the smooth airfoil at different plat-
form surfaces shows that heat transfer in the near hub region increases only slightly
with surface roughness where the maximum local augmentation is below 40% (rough
platform with roughness r80 compared to smooth surface).

4. CONCLUSION

Measurements on a highly loaded low-pressure turbine blade and its platform have
been presented accounting for secondary flow effects on external heat transfer. Surface
roughness effects on endwall heat transfer have been investigated. It has been shown
that airfoil heat transfer is highly affected by secondary flow effects near the endwall.
Moreover, airfoil heat transfer is strongly influenced by freestream turbulence. It has
been observed that turbulence intensity does not affect the endwall Nusselt number
distribution to the same extent. However, surface roughness increases endwall heat
transfer dramatically, leading to a maximum Nusselt number augmentation of 240% in
some regions of the platform, whereas effects of varying platform boundary layer
thickness and heat transfer augmentation on the (smooth) airfoil close to the endwall
due to platform surface roughness are smaller by one order of magnitude.
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NOMENCLATURE

c chord length, = 65.23 mm

Cax axial chord length, = 58.00 mm

d roughness element base diameter, m
h heat transfer coefficient, = gw/(T0,1 — Tw), W/mz/K
h airfoil span or wind tunnel width, = 0.1m
hm roughness meltdown height, m

k roughness element height, m

k thermal conductivity, W/m/K

k turbulent kinetic energy, m?/s?

ks eq equivalent sand grain roughness, m
K acceleration parameter

L turbulent dissipation length, m

m mass flow, kg/s

M Mach number

Nu Nusselt number, = hc/k

p pressure, Pa

q heat flux, W/m>

R, arithmetic average roughness height, m
Re; . inlet Reynolds number, = ujc/v

s surface length, m

t Pitch, =49.45 mm

1, b roughness element distance, m

T temperature, K

Tu turbulence intensity, %

u velocity, m/s

Vr roughness element volume, m’

X coordinate in axial direction, m

v coordinate in lateral direction, m

z coordinate in spanwise direction, m
Greek symbols

AA/Ag roughness surface increase, %

O displacement thickness, m

€ turbulent dissipation rate, m2/s3

Y isentropic exponent

AR roughness density parameter

% kinematic viscosity, m2/s

IT pressure ratio

Subcripts

0 refers to stagnation point

1 at cascade inlet
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transfer in the impinging jet cooling methods. In this study, a configu-
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a main crossflow flowing into an injection hole of diameter D perpen-
dicular to the main flow through a thin plate of thickness ¢ equal to
D and the Reynolds number of the injection is fixed to 23,000. A
secondary crossflow with a Reynolds number of 1000 is fixed be-
tween the exit of the jet and the impingement region, to simulate the
flow stream evacuation from the leading edge to the trailing edge of
the vane. This geometry is very different from a jet issued from a
long pipe as described in many previous studies. The flow field of the
jet in the present case has a three-dimensional behavior due to its
complex geometry. High levels of turbulence at the exit of the nozzle
are observed with Particle Image Velocimetry measurements. The
fields of the reference temperature and convective heat transfer coeffi-
cient on the impingement surface are calculated from infrared ther-
mography measurements. The results show a significant drop of the
heat transfer in such geometry.
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1. INTRODUCTION

Jet impingement methods are widely used in industrial application for cooling,
heating or drying. Some examples are cooling metal and glass, drying paper and tex-
tiles, and cooling electrical equipment. In a gas turbine, jet impingement has been
commonly used for cooling combustion liners, transition pieces, and airfoils. These
components are exposed to high thermal stresses since gas temperature is around
2000 K, which is above the metal melting point (around 1400 K). Thus, it is neces-
sary to cool these elements with effective cooling methods, since it affects the com-
ponents’ longevity and the performances of the engine. This study focuses on internal
vane cooling by jet impingement method. The flow and heat transfer from an imping-
ing jet depend on many parameters such as nozzle-to-wall spacing, Reynolds num-
bers, position from the stagnation point, design of the injection. The most commonly
used injection geometries in previous studies are axisymmetric (circular) orifice or
pipe [1] and slot (two-dimensional) nozzles [2]. The flow field [3] of an impinging
jet issued from a long pipe can be divided into three zones (see Fig. 1): the free jet
prior to the impingement, the impingement region, and the wall region. The free jet
region can also be divided into three zones depending on the nozzle-to-wall spacing:
the potential core, the transition zone, and the fully developed zone. In the potential
core, the velocity at the centerline is maintained while the shear layer is growing.
This shear layer begins to perturb the centerline of the jet in the transition zone, until
the velocity profiles reach a self-similar behavior in the fully developed zone. It ap-
pears that the maximum of heat transfer occurs for nozzle-to-wall spacing correspond-
ing to the length of the potential core (typically 4 to 6 slot widths or hydraulic

diameters).
| X2
i 7
jetpotential core 7
impingement region ﬁ v P Jet potential core
\ ransiion zone 3
< ] : 7
& g L7777 7777, /ff
: - i
! L wall jet | | wall jet
PP TIIIIS VI [ A region ITﬂrenge;r:l'enf rogion
:wdrjel flow acceleration wal jgt /
(a) region region region o) ﬂowﬁ;fawn

Fig. 1. Schematic of a transitional jet (a) and a potential-core jet (b) impinge-
ment on a flat surface (from [4]).
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Several experimental studies have dealt with heat transfer and/or fluid mechanics as-
pect investigating different parameters. Gardon and Akfirat [5] correlated the influence
of streamwise turbulence intensity of free jet on the heat transfer for a slot configura-
tion. Yokobori et al. [6, 7] focused on the behavior of turbulence for transitional jet
impingement and confirmed the existence of pairs of counter-rotating, large scale,
streamwise vortices at stable nodal locations and discussed their relation with the up-
stream shear layer vortices. It has been deduced that these coherent structures influ-
enced the heat transfer. Other studies have shown a nonmonotonic trend in the
repartition of the local heat transfer coefficient in low nozzle-to-wall spacing cases
(H/D < 2.5). Hoogendoorn [8] and Lytle and Webb [2] reported the existence of two
peaks in the radial distribution of heat transfer coefficient for axisymmetric jets. The
first peak occurs at /D = 0.5 and was attributed to the thinning of the accelerating
boundary layer. Then, a minimum is observed around »/D = 1.2, and Hoogendoorm
related it to a minimum in turbulence intensity and a maximum in radial velocity at
the same position in radial distribution. Goldstein et al. [9] have concluded that the
existence and the position of the secondary peak depend on the Reynolds number of
the injection, the nozzle-to-wall spacing, and the nozzle geometry. It was observed
when the thickness of linear momentum in the mixing layer is very small compared
to the hydraulic diameter of the injection. Several explanations have been proposed
for this secondary peak such as transition of the boundary layer to a turbulent flow
and creation of secondary vortices near the impingement wall. Many prior studies fo-
cused on other parameters such as specific nozzle geometry, confinement [10, 11],
angle of incidence between a jet and impingement wall [12], and curve of the im-
pingement wall [13]. Carcasci [14] studied the influence of multiple jets with cross-
flow downstream the injection when this crossflow is minor compared to the injection
flow field. He concluded that the crossflow has no significant effects near the im-
pingement plate but has a little influence on the upstream vortices. According to [15],
these effects grow up when the crossflow intensity become comparable with the one
encountered in the injection flow field and degrade the heat transfer performance. The
influence of the upstream crossflow was not studied as an independent parameter.

Cooling air

front side zone of
__— intcrest

trailing
back side cdge

o B TR EBER

TRUoDDUnnD

Fig. 2: Representation of a vane.
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This lack of information motivates the following investigations on both the aerody-
namic and thermal sides dealing with a single jet impinging on a flat plate with the
presence of upstream and downstream crossflows. In this way, the present study is
close to a real configuration of internal cooling at the back side and the front side of
a vane (see Fig. 2).

2. EXPERIMENTAL SETUP

The experimental setup is designed so that Thermography and PIV measurements
could have an access to convective heat transfer coefficient distribution and velocity
fields.

2.1 Test Section

The test section consists of a main rectangular pipe along the y-axis where the
main upstream crossflow goes with y decreasing (see Fig. 3). A hole for injection of
diameter D is made in the injection plate (one of the walls of the main rectangular
pipe) of thickness D. A jet emerges along the z-axis from this injection hole and im-
pinges on the wall representing the external part of the vane. The duct formed by the
injection plate and the impingement wall is called air-gap and the nozzle-to-wall
spacing is H taking the values H/D = 2, 4, 5, 6, 8, and 10. A downstream crossflow
is fixed along the x-axis between the exit of the nozzle and the impingement wall,
simulating evacuation of the flow stream from the leading edge to the trailing edge.
The secondary crossflow passing through the air-gap is characterized by a Reynolds
number Reg,, of 1000. The injection Reynolds number Re;, takes the value of
23,000. The main flow of the internal cooling jacket has a Reynolds number Rejyx of
20,000, 40,000, and 60,000. The test section is feed by a fan (see Fig. 4) followed
by a water cooling jacket. Thus, the temperature of the air circulating in the test sec-
tion is controlled and maintained to the ambient temperature. Venturi meters and
valves are present at the inlets and the exits of the internal cooling jacket as well as
the air-gap pipes in order to fix the different Reynolds number of the different flows.

Upstream crossflow
| L ] Downstream crossflow ||
®

Impingement

strface :

N,_QL Z \\ :‘
\ Injection hole IR camera
ol diameter D

Nozzle-to-wall spacing H

Fig. 3. Plan of the test section.
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Fig. 4. Schematic diagram of the experimental setup.

2.2 PIV Measurements

Several plans are scanned for standard PIV measurements (see Fig. 5). An Nd-Yag
laser at 8-Hz frequency with a camera of resolution 1248 x 1024 was used with the
FlowManager software to obtain mean and rms velocity fields. The flows are being
seeded with paraffin oil drops of 1 um diameter. The different plans are of xz and yz
type located in the air-gap to measure the flow field of the jet. Three parallel and
equidistant plans of xz type are located on both sides of the hole at y = -0.5D, y =
0, and y = 0.5D. Five other plans of type yz go from side to side of the hole at x =
-0.5D, x = -0.25D, x = 0, x = 0.25D, and x = 0.5D.

2.3 Heat Transfer Measurement

The jet exits from the injection hole and impinges on the front side of the im-
pingement wall. This wall is a 0.8-mm-thick epoxy plate of measured thermal con-

A
A
. - -~ |
A V—
- ~
KL il
Injection -1 L /
plae —
]
/ X
/ -2

Fig. 5. Families of PIV measurements plans.
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Fig. 6. Design of the heating plate.

ductivity of £ = 0.320 + 8.10° W/mK, with an electric circuit of copper of thickness
35 wm on the front side, which is supplied with power to produce a constant heat
flux. Since the electric circuit has a spiral design (see Fig. 6), no direction is privi-
leged, and the conductive heat flux in the copper circuit is limited. The plate is cov-
ered with black paint of known emissivity € = 0.95 + 0.02. An infrared camera
(CEDIP Jade) measures the backside of the plate temperatures Ty, and so, the refer-
ence temperatures T.r and the fields of the convective heat transfer coefficients 2 can
be calculated (see Fig. 7) using the method detailed by Fénot et al. [16]. It consists
in electrically heating the copper circuits. This enables the experimenter to calculate
the extract electrical flux density dissipated by Joule effect ge.. Radiative and con-
vective 108SeS Graaf, Gradp» aNd Geonyp Must be calculated to obtain the convective heat
flux density on the front side geonyp, Which represents the exchange between plate
and jet. Temperature is measured at the back, side of the plate, and the front tem-

Normalized heat transfer Reference temperature
coefficient h/hy Toiir
203
2925
292
2915
291
-0 -5 0 5 10 -10 -5 0 5 10
x/D x/D

Fig. 7. Example of heat transfer coefficient normalized with heat transfer coeffi-
cient at the stagnation point and reference temperature cartography on impinge-
ment side with Reinj = 23,000 and H/D = 2.
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perature can be calculated from the back temperature according the following equa-
tion:

t . .
Tf = Tb + % (QConv,b + CIrad,b) . (1)

The front side temperature 7 and the convective heat flux on the front side
Geonv.p are obtained making the balance of the different heat fluxes on the impinge-
ment plate:

QCOHV,f = Qelec - QConv,b - Qrad,f - Qrad,b ) (2)
with
. 4 4
dradb = €0(Ty — Tambient) > 3)
. 4 4
grad,f = €0(Tf — Tambient) “4)
é]conv,b = hp(Tp — Tambient) > (5

where hy, is previously measured by a similar method isolating the front side. Then,
four different electrical heat flux densities are injected, and the corresponding convec-
tive heat flux density and wall temperature are measured. Linking each couples of
values (Q¢cony. Ty) with a straight line using a linear regression determines 1/h which
is the slope and T, which is the y-intercept, according to the following relation:

Gradf = h(Tt = Trer) - (6)

Uncertainties are calculated using a statistical approach, NF ENV 13005 [17]. Er-
rors due to electrical, radiative, and convective fluxes, and to emissivity are taken
into account. Random uncertainty for the Nusselt numbers is no higher than 5% and
overall uncertainty is no higher than 11%.

3. RESULTS AND DISCUSSION

The PIV measurements reveal the highly 3D shape of a flow field that is very dif-
ferent from the description made for a jet issued from a long pipe. The flow field
drives the heat transfer at the impingement surface and explains the characteristics of
the convective heat transfer distribution.

3.1 Flow Field Topology

Figure 8 shows a jet with a Reynolds number equal to 23,000 and a nozzle to-wall
spacing of 6H/D. The quantity U, is the mean velocity based on the Reynolds num-
ber of the injection and normalized velocity U/Uy, and turbulence intensity fields are
represented at 5 equidistant plans, parallel to the yz plan, and passing by x/D = 0.5,
-0.25, 0, 0.25, and 0.5. The majority of the flow passes only through the lower half
part of the injection hole (—0.5 < y/D < 0). The jet axis makes a slight angle with the
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Normalized velocity U/ U,

planaty — —0.5D planaty — 0 plan aty — 0.50
6 6 T gl2 6 1.2
5 5k -0l 5+ 1
4 - Ar o8 _ 4+ 08
23 3t Hos S 3} 06
T2 2- Qfod T2t 0.4
| 1+ 110.2 I 02
0 gLt L1 0 0 0
3-2-10123 3-2-10123
xf/D zfD
Turbulent intensity (%)
planaty = —0.50) planaty =0 plan aty = 0.5/
6 6 T T T T T %2 6
S+ dr B _;0 dr
4+ 4+ 825 4+
23t 3t 20 =3t
3 a3
2L 2L ' dn 15 2L
it 9 10 et
0 O 1 1 | L 1 O D
3-2-101123 3-2-10123 3-2-101 2 3
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Fig. 9. Normalized velocity U/Uq and turbulent intensity fields at xz type plans
with Reinj = 23,000 and H/D = 2.

z-axis meaning that a part of the main flow collides with the lower half part of the
injection hole and bounces in the opposite direction (0 < y). The stagnation point po-
sition is still near the center position despite the prior influences, and this is observed
at H/D = 4, 5 or 6. The turbulence intensity is very important at the exit of the noz-
zle and presents a topology similar to the mean velocity. This distribution is far from
the mean and rms velocity fields encountered in the case of a jet issued from a long
pipe.

Measurements in equidistant plans, parallel to the xz plan, and passing by y/D = —
0.5, 0, and 0.5 show that the flow field is more complicated. In Fig. 9, the velocity
fields in the plan y = —0.5 present high levels at the center of the nozzle, in the plan
y = 0 the velocity is weak at the center and important at the sides, and in the plan y
= 0.5 the velocity is nil. The jet appears to exit the injection hole through the half
lower part, and the zone with few velocities at the center of the hole means that the
jet exits the nozzle in a crescent-shape way. This could be explained by the presence
of the upstream crossflow that suddenly changes its direction. This makes the velocity
fields concentrated on the lower part of the hole and create a dead zone at the upper
part. The analysis of these velocity fields confirms the jet has an inclination with the
z-axis. The influence of the secondary crossflow is not significant on the shape of the
mean velocity distribution because of its weak linear momentum compared to the in-
jection linear momentum (ratio around 0.003). The turbulence intensity levels are also
investigated at the same plans of measurements. In the reference case, the turbulence
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intensity is low (%) and presents a homogeneous distribution at the exit of the noz-
zle, thereafter it grows up in the mixing layer. In the case of the present study, the
distribution of the turbulent intensity presents the same crescent-shape of the mean
velocity. The jet exits the nozzle with extremely high turbulence, around 30-40%,
which is far from the levels encountered in a situation of a long pipe impinging jet.
The levels of turbulent intensity drops rapidly after the nozzle. The influence of these
different characteristics on heat transfer is investigated with the aid of infrared ther-
mography.

3.2 Heat Transfer Distribution

The way the heat transfer coefficient is distributed is directly driven from the flow
field topology. In this case, the behavior of the jet is very complex and different
from a jet issued from a long pipe. It makes the heat transfer distribution difficult to
estimate. Figure 10 compares the profiles of the convective heat transfer coefficient
for a jet issued from a long pipe and for the present configuration. A nonaxisymmet-
ric distribution of the convective heat transfer coefficient appears for the case of the
present study. This behavior is expressed by an ovoid shape along the y-axis. The
original crescent-shaped of the velocity distribution observed at the exit of the nozzle
is an element of explication for the characteristic of nonaxisymmetry. The particular
shape of heat transfer coefficient distribution could also be explained by the angle the
jet makes with the z-axis. As shown in Fig. 8, the mean and rms velocity fields pre-
sent higher levels in the upper part (O < y) near the impingement wall. It contributes
to an increase in heat transfer in this zone and induces a deviation of the heat trans-
fer distribution with y increasing. The influence of the secondary crossflow is signifi-
cant, and some deviation effects along the x-axis appear. The profile of a jet issued
from a long pipe presents a peak at low nozzle-to-wall distance that does not appear

Profiles of normalized heat transfer coefficient fi/hy ..

profile along the y axis
= profile along the X axis - ]

profile from axisymmetric gcl —————————— Normalized heat transfer
L Fenot 2004 - coefficient fi/ fi.
1k 1 .
g 10
08} 1 08
< 5 .
= 06 1 £ ?j
L i = 0.
04 5
02
02} i -10
0 - 0
.15 15 -10 -5 0 5 10
/Dy ory /Dy, /Dy

Fig. 10. Heat transfer coefficient distribution and comparison with a jet issued
from a long pipe [18] at Reinj = 23,000 and H/D = 2.
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in the case of the present study. The extracted profiles of heat transfer coefficient are
monotonic and show variations along the different axis, and the levels of heat transfer
are lower than in the reference case by about 30%. The particularities of the flow
field topology lead to a very complex heat transfer distribution with different influ-
ences. The high levels of turbulent intensity at the exit of the nozzle decrease rapidly,
and could be responsible for making the turbulent energy less powerful when reach-
ing the impingement plate. It also could be responsible for the absence of the peaks
in heat transfer distribution destroying the coherent structures observed in the refer-
ence case. The secondary crossflow must disturb the structure of the jet making the
velocity and turbulent intensity to dissipate more rapidly.

4. CONCLUSIONS

The complex geometry of the injection presented in this study lead to a particular
flow field topology. The distribution of the velocity and the turbulent intensity is of
crescent shape at the exit of the nozzle, with high levels of turbulence, and these val-
ues decrease rapidly to low levels after the injection. This provides a nonaxisymmet-
ric distribution of the convective heat transfer coefficient with low levels compared to
the reference case.
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The heat transfer characteristics are analyzed in a rectangular cross
section duct where impingement jet technique is applied for the pur-
pose of heating and cooling. Heat transfer characteristics on surfaces
are calculated using commercial CFD software, Fluent. Numerical re-
sults are compared with the experimental results obtained through a
transient liquid crystal technique. To better present the heat transfer
results, different cross-sectional size geometric models are used. The
geometric models are of six in-line circular jets housed in a confined
rectangular channel. As the jet temperature varies with time during a
transient test, a time-depended solution method was selected in Fluent.
One of the primary varying parameters in the present study is the
magnitude of spacing between the jet exit and target plate. The jet
Reynolds numbers range from 14,000 to 40,000 for every geometry.
The effects of crossflow on the overall flow characteristics in the
housed channel and heat transfer distributions on both target surface
and jet-issuing plate are investigated. Comparison was made between
the present numerical results and experimental data obtained earlier by
the lead author, Uysal et al. [1]. The companion experimental study
was based on the transient thermochromic liquid crystal (TLC) meas-
urements on detailed local heat transfer distributions on both the tar-
get surface and jet-issuing surface.
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1. INTRODUCTION

Among heat transfer enhancement techniques, jet impingement is of great potential
to increase the local heat transfer coefficient significantly. This is attributable to the
impingement boundary layers that are much thinner, and often the spent flow after
the impingement serves to further agitate the surrounding fluid. Impinging jets pro-
vide an effective and flexible approach to transfer energy or mass between a surface
and the fluid in various applications. Heat transfer applications include cooling of
stock materials during forming processes, heat treatment, cooling of electronic compo-
nents, heating of optical surfaces, cooling of turbine airfoils, and many other indus-
trial processes. In addition, the impingement cooling approach typically offers a
compact design arrangement with no additional moving parts.

Convective heat transfer with jet impingement has been a subject of intensive stud-
ies in the open literature for several decades. Relatively recent studies relevant to the
present work are given as follows. Lim et al. [2] using the steady thermochromic lig-
uid crystal (TLC) technique, measured the heat transfer coefficients on hemispherical
surfaces. Huang et al. [3] used the similar TLC method but in a transient mode to
study jet impingement heat transfer on various target surfaces. Ichimiya and Yamada
[4] numerically examined the heat transfer and flow characteristics of a single circular
laminar impinging jet including buoyancy force in a comparatively narrow space with
a confined wall. Aldabbagh et al. [5] numerically investigated the flow and heat
transfer characteristics of an impinging laminar square jet with crossflow by solving
the three-dimensional Navier—Stokes and energy equations under steady-state condi-
tions. San and Lai [6] studied the effects of jet-to-jet spacing on the local Nusselt
number for confined circular air jets impinging on a flat plate. They used five jets in
equilaterally staggered arrays and evaluated optimal ratios of jet-to-jet spacing, Re
and jet height on the stagnation Nusselt number. Azad et al. [7] experimentally exam-
ined the jet impingement heat transfer for array of in-line air jets of a four by three
array with the effects of dimpled (rough) target surfaces. Ai et al. [8] conducted two
separate tests with different injection flow temperature rises under the same free-
stream temperature and flow conditions. Lee and Lee [9] investigated the local and
average heat transfer characteristics of an axisymmetric submerged air impinging jet
in the stagnation region. Gao and Ekkad [10] investigated impingement heat transfer
in applications that have hole-spacing linearly stretched for better coolant coverage.
Muhammad and Raghavan [11], carried out a numerical simulation of heat transfer
with crossflow under the conditions of mixed convection for cooling of electronic cir-
cuit boards. Huang et al. [3] investigated the detailed heat transfer coefficient distri-
butions using the transient TLC method for jet arrays of orthogonal impingement.
Kiger et al. [12] studied single-nozzle spray cooling heat transfer phenomena with
varying amounts of dissolved gas.
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In addition to the studies aforementioned, most of experimental and numerical find-
ings on jet impingement heat transfer have been summarized in [13]. There are sev-
eral key parameters that dictate the characteristics of impingement heat transfer and
need to be considered for optimizing design of practical systems. The shape of jet
nozzle, layout of jet holes, distance between the impinging and issuing jet plates and
jet orientations all have significant effects on the magnitude as well as the spatial dis-
tributions of heat transfer coefficient over both the target and jet-issuing surfaces. In
general, the overall average heat transfer on both participating surfaces is inversely
proportional to the spacing between the plates [14]. Whereas other applications may
involve various jet shapes and jet-to-target spacing, typical jet impingement configu-
rations for cooling of turbine airfoils have a spacing-to-jet-diameter ratio H/D of
about 1 to 3 [15]. Often reported in the literature is that for the cases with a rela-
tively narrow spacing (e.g., H/D = 1), the heat transfer pattern is evidenced by the
presence of a secondary peak near the primary impingement region. To achieve a bet-
ter thermal design while eliminating hot spots, both the overall average heat transfer
information and its local spatial distribution are necessary. In addition, a jet impinge-
ment cooling system implemented for turbine airfoil cooling is essentially a compact
heat exchanger where every participating surface will contribute toward the overall
cooling duty. Therefore, to gain detailed knowledge of local heat transfer coefficient
on both jet issuing plate (or simply jet plate) and jet impinging plate is critical, and
thus is one of the main objectives of this study. As mentioned earlier, the present
study involves both experimental measurement using transient TLC and CFD simula-
tion based on FLUENT.

2. NUMERICAL METHOD

Figure 1 shows the geometry of the model channel. A smooth outlet extension
with a length of X/Dy = 4.55 to 37.1 was included to avoid influence of the outlet

Table 1.
Positions of jets

Uniform jet diameter Dp = 7.94 mm

Gl G2 G3

Jet X, mm X/Dn H = 64 mm H =127 mm H = 19.1 mm
H/Dy H/Dy H/Dy

1 36.2 4.55 0.81 1.6 2.41

2 87.8 11.05 0.81 1.6 2.41

3 139.4 17.55 0.81 1.6 2.41

4 191.0 24.05 0.81 1.6 2.41

5 242.6 30.55 0.81 1.6 2.41

6 294.2 37.05 0.81 1.6 2.41
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Fig. 2. Cross section of the domain.

Fig. 3. Detailed grid topology for one of the jet in the investigated domain.
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boundary condition on the main area of interest. Due to symmetry, only half of the
channel was used to reduce the computational domain and grid size. The effects of
distance between the jet issuing plate and jet impinging plate were evaluated based
on three different spacings, as presented in Table 1. Figure 2 shows the planar view
of cross section along the axial direction. The magnitudes of G1, G2, and G3 repre-
sent the physical distance between the jet exit and the target wall.

The domain is meshed by a grid generator GAMBIT associated with FLUENT,
which consists of 176,569 nodes and 148,068 elements. The numerical grids were
meshed using hexahedral elements and the grid topology as shown in Fig. 3. No-slip
boundary condition was imposed on the walls. The turbulence intensity at both inlet
and outlet is set at 5%. Air, as the working fluid, was assumed incompressible, but
the properties other than density were treated as temperature-dependent. Modeling of
turbulence used the standard k-€ model. A converged solution was obtained when the
residuals were less than 107 in the energy equation and 107 in the momentum, con-
tinuity, and turbulence equations.

3. EXPERIMENTAL STUDY

The experiments complementary to the numerical study used a test setup schemati-
cally shown in Fig. 4. The supply of the mainstream air flow utilized an in-house air
compressor, metered using an ASME orifice. Prior to the experiment, air is ducted
away, using solenoid valves, from the test section while being heated by a series of
in-line electric heaters. The air temperature is controlled using a variable transformer
connected to the heaters. When the diverted air stream reached a desired steady tem-
perature, the heated air was directed into the test section. The image of the test sur-
face was captured with a CCD camera mounted perpendicular to the test section.

Fig. 4. The experimental setup.
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Fig. 5. Cross-sectional view of test section.

Simultaneously, the air temperature profile in the test section was measured using
thermocouples connected to the data acquisition and storage systems.

The test section, a rectangular channel 50.8 mm wide and 457.2 mm long, is made
of 12.7 mm thick Plexiglas. The jet issuing plate houses six in-line circular jet holes
of 7.9 mm in diameter. The distance between jet issuing plate and the jet impinging
plate ranges from 6.4 mm to 19.1 mm. Details of other parameters are presented in
Tables 1 and 2. To simulate the crossflow, one side of the channel end is closed and
the other side is open for crossflow discharge. The gap between the jet plate and the
target plate ranges from 6.4 to 19.1 mm. Figure 5 illustrates the side view of the
channel cross section, indicating the setting of a six-jet array and crossflow.

The measurement of local heat transfer coefficient employed the transient liquid
crystal technique in conjunction with the solution of one-dimensional transient heat
conduction in a semi-infinite solid by Metzger and Larson [15] and Chyu et.al. [16].
Under a convection boundary condition at its surface, the temperature on the surface
of a semi-infinite solid, 7y, can be expressed by

Table 2.
Boundary inlet conditions

Inlet and outlet
hydraulic diameters ! 2 3 4 >
Dri, | Dno, | Vietl, Viet2, Viet3, Viets, Viets,
mm | mm | m/s Re1 mis | R | s | Ry | R || Res
Gl,
64 7.94 10.22 29.32 14,000 45.10 22,000 57.14 28,000 67.44 34,000 76.74 40,000
4 mm
G2,
127 7.94 1693 29.32 14,000 45.10 22,000 57.14 28,000 67.44 34,000 76.74 40,000
.7 mm
G3,
19.1 7.94 21.80 29.32 14,000 45.10 22,000 57.14 28,000 67.44 34,000 76.74 40,000
.1 mm
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T; represents the initial temperature of the solid; 7} is the reference temperature for
the convection system, which is chosen as the jet temperature 7j; h is the convective
heat transfer coefficient based on T, and T} (or Tj); k and o are the thermal conduc-
tivity and diffusivity of the solid, respectively.

4. RESULTS AND DISCUSSION

4.1 Local Heat Transfer Coefficient

Figure 6 shows the distributions of local heat transfer coefficient on both target
plate (a, b) and jet plate (c, d) obtained experimentally for Re = 14,000 to 40,000.

Ke: oo KeZiuuy Ko Zzsnny K S4Un Ko qun

(a)

Re:14000  Re:22000 Re:som Re:14000  Re:22000  Re25000  Re34000  Red 0000
§
I

(c) H

= 12.7 mm (d H=19.1 mm h (W/mZK)

Re 14000 Re22000  Re28000  Res34000  Red0000

H = 12.7 mm (b) H=19.1 mm h (W/mzK)

Bxg
EhY

Re:34000 Re0000

Fig. 6. Local heat transfer coefficients distribution on jet impinging plate (a, b) and
jet issuing plate (experimental results) (c, d).
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Fig. 7. Local heat transfer coefficients distribution on jet impinging plate (nu-
merical results).

The Reynolds number is defined based on jet mean velocity and hydraulic diameter
of the housed channel.

One significant trend revealed in Fig. 6a and b is that the heat transfer coefficient
on the target plate reaches a peak value at the stagnation zone directly impinged by
each jet. In between the jets, the heat transfer is rather low, about 50% of that at the
stagnation zone. Unlike the single impinging jet cases, part of the post-impingement
flow tends to entrain back to the region between the adjacent jets, which likely re-
sults in low heat transfer in the region. All cases presented in Fig. 6 reveal a similar
trend, and the local heat transfer coefficient tends to increase with Re.

Figure 7a and b exhibits the numerically simulated local distributions of heat trans-
fer coefficient corresponding to the experimental data shown in Fig. 6¢ and d. Both
results are comparable in distribution trend and detailed magnitude. Although no other
Reynolds number cases are shown here, the value of heat transfer coefficient on the
jet impinging plate tends to increase with Re.

Figures 8 and 9 show the streamwise-averaged Nusselt number for both jet target
plate and jet issuing plate. The overall comparisons reveal that the heat transfer from
the jet target plate is about 2 to 3 times higher as compared to the Dittus-Boelter cor-
relations (Nu = 0.023Re”®Pr’*) and 3 to 4 times higher than the jet issuing plate.
From Fig. 8, the results show that the crossflow effects are not evident for the target
plate, as the heat transfer reaches a peak in the vicinity of each individual jet. In ad-
dition, at each stagnation zone, the heat transfer coefficient is about 2 times higher
than the wall jet region. The Nusselt number is significantly reduced after the 6th jet.
The influence of crossflow is clearly visible in both Figs. 8 and 9 as the peaks of
Nusselt number on the target plate shift toward downstream, following the exit direc-
tion of the crossflow. The heat transfer distribution for the jet issuing plate is fairly
uniform in the jets region up to about H/Dy = 2.5.
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Fig. 8. Streamwise-averaged Nu for jet impinging plate (experimental results) (a, b).

(a) H =127 mm (b) H = 19.1 mm

Fig. 9. Streamwise-averaged Nu for jet issuing plate (experimental results) (a, b).

Discha

(a) H = 12.7 mm (b) H = 19.1 mm

Fig. 10. Streamwise-averaged Nu for target plate (numerical results) (a, b).
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(a) H =127 mm (b) H = 19.1 mm

Fig. 11. Streamwise-averaged Nu for jet issuing plate (numerical results).

The numerical results shown in Figs. 10 and 11 are plotted in the same manner as
in Figs. 8 and 9 for direct comparison. A notable finding observed in Fig. 11 is that,
for all cases, the value of heat transfer reaches a peak in between the first and sec-
ond jets. This may be induced by the interaction between the jets that deflected some
of the flow towards the jet issuing plate, which, in turn, contribute to higher heat
transfer. Such effects seem to decrease towards the downstream region. Overall, the
comparison between the numerical and experimental results for the jet issuing plate is
quite reasonable, with an exception that the peak Nusselt number around the second
jet obtained numerically is about 50% higher than its experimental counterpart.

4.2 Distance Effect between Jet Issuing Plate and Jet
Impinging Plate

The overall-averaged h,,. based on all data, collected from this study, can be cor-
related in a h,,. H/Dy power form, as shown in Fig. 12. The heat transfer on the jet
target plate is about 50% higher than the jet issuing plate. A significant findings re-
vealed from Fig. 12 is that the overall heat transfer coefficient tends to increase as
the distance between the two plates decreases. However, this is only observed for

12900
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Fig. 12. Overall averaged Nu vs. H/Dn.
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H/Dy, up to about 2.5. For H/Dy higher than 2.5, the overall heat transfer coefficient
seems to be converged towards a constant value. This may be due to the shrinkage
of the flow areas in jet system as the distance (H) between the jet and target plate
decreases. A best fit correlation for Re = 40,000 can be given as follows:

Nu(Target) = 383.2-(H/Dh)_0'14 for the target plate,
Nu(Jer) = 351.5-(H/Dh)_0'39 for the jet issuing plate.

Adversely, the jet cannot penetrate the target plate as the distance is too great.
This is consistent with the study of Brevet et al. [17]. Therefore, H/Dy, in the range
of 2.5 to 3 could be the optimal configuration for jet impingement cooling with
crossflow.

5. CONCLUSIONS

In the present study, the heat transfer characteristics in a rectangular duct with jet
impingement are explored experimentally and computationally for 14,000 < Re <
40,000. Detailed local heat transfer distributions over major participating surfaces, i.e.,
both jet target plate and jet issuing plate, are presented. While the average results
from the experiments and computations are reasonably comparable, local peak data
from the computation can be 15-50% higher than their experimental counterparts.
This is due largely to the imperfection of turbulence modeling. Major findings from
the present study can be summarized below.

(1) The magnitude of average heat transfer on the target plate is about 2-3 times
higher than the Dittus—Boelter correlation for a smooth channel. Meanwhile, the
magnitude of average heat transfer on the jet issuing plate is comparable to
that of Dittus—Boelter correlation.

(2) Crossflow significantly reduces heat transfer on the target plate, as the stream-
wise-resolved heat transfer decreases along the crossflow direction toward the
channel exit.

(3) Crossflow also causes reduction of heat transfer on the jet issuing plate. How-
ever, the effect is much moderate compared to the target plate.

(4) The magnitude of heat transfer on both the target plate and jet issuing plate in-
creases with the value of Reynolds number.

(5) The value of overall heat transfer over all the participating surfaces in the
house channel decreases with an increase in jet-to-target spacing (H/Dy). Under
the current geometry and test conditions, this trend somewhat diminishes as the
average Nusselt number reaches a constant when H/Dy is higher than 2.5.

NOMENCLATURE
h local heat transfer coefficient, W/mZ-K
Ty local surface temperature, K
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thermal conductivity, W/m-K
initial temperature, K
hydraulic diameter, m

inlet hydraulic diameter, m
outlet hydraulic diameter, m
Nussellt number, = hDn/k
Reynolds number, = VDn/v
velocity in jet inlets, m/s
Thermochromic Liquid Crystal
jet-target space, m

jet-target space, m

space between jets, m

axial location, m

Greek symbol

\Y

kinematic viscosity, m?/s.
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